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Abstract

Numerical investigation was carried out to study the heat transfer performance for a high-speed rotating cylindrical surface subjected to single row array round jets impingement, under a very small gap spacing. Various parameters that affect heat transfer, such as the fluid density, flow velocity and Nusselt number distributions of the radius clearance were studied based on varied nozzle to target surface spacing H and mass flow rate. It has been found that the fluid density was a dominant factor and the velocity was the secondary factor for the gas jet heat transfer performances. The overall heat transfer was improved with a reduction in the number of nozzles, for given inlet mass flow rate boundary conditions. The decrease of H/di (di, nozzle diameter) may have positive or negative effects on the heat transfer performance from the impingement surface. Reducing the radius gap H, for a certainty, increases the average density of the fluid in the clearance, which is desirable in applications that enhance heat transfer performance. But when the radius gap (H) is small enough, increasing di may have a negative impact on heat transfer.
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1 Introduction
A heat engine converts heat to power. Heat engines using supercritical carbon dioxide (SCO2) Brayton cycles have the advantages of high efficiency, small physical footprint, simple layout, compact turbomachinery and heat exchanger, and can potentially be used in various power plants that use coal, geothermal energy, natural gas, solar and other energy sources. Compared to other energy conversion systems, a SCO2 Brayton cycle can achieve comparatively higher thermal efficiency within a moderate turbine inlet temperature range (450 − 600 °C) [1]. A major feature of the SCO2 Brayton cycle is its low pressure ratio because the turbine exist pressure needs to stay above CO2 critical pressure (7.38 MPa). SCO2 turbine exit pressures are much higher than gas turbines (0.1 MPa) or steam turbines (0.07 MPa) [2]. As the turbine outlet temperature is still high due to the low cycle pressure ratio, the seals and bearings need to be protected against high rotor temperatures. In this paper, it is proposed to cool the shaft before it is in contact with the seals by using a jet array around the shaft. The predictable novelty of this work is the exhaustive designing of cooler for SCO2 turbine rotor in concentrated solar applications. Especially in dry cooling technology applied in arid areas, it is preferable to design a dry cooler (Fig. 1) with a compact structure and high cooling efficiency.
Impinging jets are widely applied in many industrial applications such as the cooling of gas turbine blades, the drying of food, and the heating of glass products [3]. Impinging jets have relatively large heat transfer rates. And the heat transfer coefficient can be adapted to different actual engineering needs by controlling the flow parameters or the geometric structure of the flow field. Jets from a set of nozzles usually impact normally on the target surface. Numerous numerical and experimental studies of the single and array round impinging jets have been conducted over the years because of their diverse applications [4–9]. Nevertheless, study of impinging jets is still an active research area due to their complexity and economic importance.
Previous research focused on the effects of the nozzle exit Reynolds number (Re), dimensionless nozzle-to-plate spacing (h = H/di, di is the inner diameter of the jet nozzle, h is the non-dimensional separation distance of jet exit to impingement surface), the vortex flow flow on the localized Nusselt number (Nu), and effects of the structure of the nozzle on impinging jet heat transfer. In order to improve the heat transfer rate and to distribute heat convection more evenly over the impact surface (which is necessary in some industrial applications), various nozzle configurations, as well as defining flow control scheme, have been imposed and investigated in prior studies. The active control methods include imposing swirling annular impinging jet, low frequency pulsating jet impingement and adding nanoparticles excitations to alter the impinging jet flow features [10–18]. Passive controls can be achieved by applying array jet impingement and designing the outlet nozzle structure (such as feedback free sweeping jet) [19–22].
The single row jet array configuration can be implemented easily by arranging the nozzle along the circumferential direction of the rotating axis, and passively change the flow characteristics through the interference between jets. Previously, many investigations have been performed on the array impinging jet flow and associated heat transfer performance. Numerical studies were conducted by Tepe [19] to investigate the thermal convection characteristics of the staggered array jet impingement (SAJ) on a semi-circular concave surface. He observed that larger local Nu number and average Nusselt Nu number could be achieved for smaller dimensionless nozzle-to-plate spacing and elongated jet nozzle could enhance heat transfer of jet array. Salem et al. [23] presented both experimental and numerical studies of different nozzle configurations (in-line and staggered) impinging jet array heat transfer from target plane for two different Reynold numbers (Re = 1500 and Re = 2000). They observed that for the peak values of the averaged Nusselt number (Nu) decrease with increasing nozzle stand-off distance. Marzec [24] investigated the effect of axial nozzle position on cooling of complex surfaces to achieve the most effective Nu distribution. Tepe et al. [25] investigated the influence of extended jet arrays on the convective heat transfer capability of the in-line axis array jet impingement. Their numerical and experimental results revealed that extending jet array nozzles enhanced both local and average Nusselt numbers (Nu) on the flat surface. Lapka et al. [26] examined the fluid flow and heat characteristics during impingement of an array of microjets. The results show that the optimal ratio of the nozzle-to-plate spacing to the microjet inner diameter, in the subsonic flow, was analyzed to be H/di = 25. One of the cases of analogous work is the publication of Gurgul et al. [27]. They analyzed the phenomena of the turbulent flow array of ten mini-jets impinging a heated cylindrical surface. The investigations show that the minijet array lead to the intensification of heat transfer.
The SCO2 Brayton cycle layouts require relatively high turbine inlet temperatures (723 − 873 K) and high-pressures (>7.38 MPa). The cycle efficiency increases with increasing inlet temperature. Using existing bearing and seal technologies, employment of higher turbine inlet temperatures increases the demand on the rotor shaft cooling [28]. Position and size of the cooling jets is limited by surrounding components, thermal expansion of journal, and vibrations occurring during the turbine operation. Expanding the cooling capacity requires a profound understanding of the geometric parameters of jet array and airflow properties. The purpose of the present paper is to develop this understanding. A better understanding of the convection heat transfer efficiency of in-line array jet impingement cooler (AJC) and in-depth exploration of the flow, the heat and mass transfer efficiencies in impinging jet arrays would contribute to the development of active flow control schemes that could be of benefit for many industrial applications. The performed work focuses on the single row jet array and heat transfer on the impinging rotating shaft surface as seen in Figure 1.
	[image: thumbnail]	Fig. 1 SCO2 turbine shafting structure diagram.



2 Thermo-flow model of curved surface impinged by round jet
2.1 CFD model and numerical solution procedure
The CO2 flow in micro and moderate radius clearance between the shaft surface and the confinement boundary was generated by significant pressure difference between nozzles and its outlets. A physical model of the computational domain and related boundary conditions are depicted in Figure 2. Numerical simulations were performed with ANSYS Fluent software using a SST k-omega (k − ω) with viscous heating turbulence model. Real gas properties were used. The target surface is the coupling interface of carbon dioxide fluid and rotor. An isothermal no-slip boundary condition was assumed with the rotor surface and adiabatic condition for the outer wall. Circular nozzles are used and they are evenly arranged along the circumference of the shaft. Many different combinations of boundary conditions and nozzle diameters and placements were considered as listed in Tables 1 and 2. The nozzle exits are oriented normal to the rotor shaft surface and the gas evacuates along the rotor axis direction.
	[image: thumbnail]	Fig. 2 Schematic of considered cooler geometry (with shaft).



	[image: thumbnail]	Fig. 3 Reynolds number distribution vs parameters.



Table 1 
Boundary conditions for the numerical study.

Table 2 
Parameter range of cooler for the numerical computation.

2.2 Governing mathematical equations
The governing equations in the computation are the Reynolds-averaged mass, momentum, and energy. The equations with steady-state compressible fluid properties are expressed as:
Continuity equation:[image: equation](1)
Momentum equation:[image: equation](2)where [image: equation] is Reynolds stress denotes the effect of turbulence [29], u is the velocity, u′ is the turbulent velocity, p is the pressure, μ is the dynamic viscosity, ρ is the density.
Energy equation:[image: equation](3)where, i, j, k = 1, 2, 3 are indices of Cartesian axes, cp is the specific heat, T is the temperature, κe is the effective thermal conductivity, and Prt is the turbulent Prandtl number, E is total energy, [image: equation] is the deviatoric stress tensor [22,30]. The above equations will be closed by the SST k − ω model. The standard k − ω model has the characteristics of near-wall stability and sensitivity to adverse pressure gradient. The k − ϵ model has the advantage of independence from the boundary layer. Menter [31] introduced hybrid functions to combine the two models into one, and developed k − ω into the shear stress transport model (SST k − ω). The improved SST k − ω model is more accurate and reliable over a wide range of flows than its standard form. The experimental and numerical results of preliminary investigation of previous studies, devoted to an array jet impingement analysis, revealed that the ideal turbulence model does not exist [27]. However, as many studies have concluded, SST k-omega turbulence model shows reasonably admissible performance and Nul distribution is relatively good agreement with the experimental results in jet impingement investigation [19,22,26]. Refer to [31] for a detailed introduction of the SST k − ω model.
The Reynolds number of nozzles is defined as follows:[image: equation](4)where ρ is the CO2 fluid density, kg/m3; v is the average velocity at the inlet of nozzles, m/s; di is the nozzle diameter, m; and μ is dynamic viscosity, Pa ⋅ s; q mass flow rate, kg/s; Ni is number of nozzles. For lubrication flow and eccentric annular rings, the Reynolds number is expressed as[image: equation](5)where u = 78.54m/s is the rotor working speed and L = 30mm is the width of the hydrostatic zones, c is the radius gap. Here, constant fluid temperature at the extreme case are represented by T = 330 K. The Re in equation (5) are depicted in terms of the lines with symbols in Figure 3. These data represent the turbulence intensity (I) and can be used as a reference for setting boundary conditions. The I determined by [32][image: equation]
The dimensionless convective heat transfer rates along the cooled rotor surface are defined in terms of the Nusselt number, and the local Nusselt number (Nul) can be calculated as:[image: equation](6)
Averaged Nu number can be determined as:[image: equation](7)where kc represents the thermal conductivity of the rotor material. The term h is the average heat transfer coefficient obtained by numerical computation [29]. The average heat transfer coefficient is defined as[image: equation](8)
2.3 Grid refinement
In this current study, since the computations were performed with SST k-omega turbulence model, the near wall functions are automatically selected according to the Y-plus on the target surface [30]. Furthermore, as the surface boundary mesh is refined, near-wall disposal will automatically transform from near wall functions to a low Re number near wall formulation. To take advantage of the systematic transformations and adaptive wall functions, but also to minimise switching errors, the element size of mesh and the boundary layer near the thermal coupling surface are successively refined. Average Nusselt number Nu and Y-plus on cylindrical surface at Hmax = 15 mm, di = 4 mm, n = 50000 rpm and extreme boundary conditions of Δp = 2.9MPa (mass flow rate q = 0.735kg/s) were investigated for the validation. The transition ratio of first boundary layer is 0.05. The gradual convergence procedures of the predicted average Nusselt number and Y-plus on the surface with mesh refinement are shown in Figure 4. It can be noticed that no significant deviation in the average Nusselt number between Δm = H/20 and Δm = H/30. Additionally, Y-plus falls below 10, which satisfies a low-Re near wall formulation or the wall-functions conditions of automatic near-wall treatment. Therefore, grid size of Δm = H/25 mm was used for all mesh generations.
	[image: thumbnail]	Fig. 4 Grid independence study.



3 Results and discussion
This section presents the heat transfer of the rotor surface for diﬀerent configurations shown in Table 2. The physical meaning of the Nusselt number is a criterion indicating the intensity of convective heat transfer. Therefore, the heat transfer efficiency are evaluated in terms of the calculated Nusselt number (Nu) as defined in equations (6) and (7).
3.1 Effect of nozzle number and rotor speed
The effects of different number of nozzles in a single row around the shaft on the thermal performance of jet impingement are shown in Figure 5. The height of each nozzle is 2 mm and located at the angular spacing of Δα = 2π/Ni (Fig. 2).
Figure 5 depicts the variation of Nu with nozzle coverage rate Nidi/C (where C = πD) involving outlet pressures po = 2.5MPa, 3.5MPa and 4.5MPa. In general, the Nu is found to decrease with increasing Nidi/C, although the average Nusselt value fluctuates around the maximum (Ni = 30) and minimum (Ni = 8) number of nozzles. And, the overall trend observed was similar for different po and H values. Referring to equation (4), this result also indicates that the Nu is positively correlated with the Reynolds number Re at the jet exit.
The local heat transfer coefficient (hl) contour maps for multiple-nozzle configuration with various outlet pressure (po = 2.5 MPa, po = 3.5 MPa, and ρ o = 4.5 MPa) are depicted in Figure 6. These iso-surfaces are normal views on the surface of the cylindrical shaft, corresponding to the cases of nozzle diameter di = 2 mm, shaft diameter D = 30 mm and mass flow rate q = 0.19 kg/s. Top-down is the axis direction of the rotor, horizontal is the circumferential direction of the rotor. The hl field development near the nozzles can be clearly recognized by the normal view presented. Consistent with the conclusions given by Incropera in his book [33], the gas jet has global and local maximum values of heat transfer coefficient around the nozzle. In the case of cooling shaft, the heat transfer coefficient near the nozzle is no longer symmetrically distributed along the unwrapped circumference of the shaft. It can be inferred that the gas velocity is enhanced and weakened by the surface velocity of the shaft in two directions, respectively. The heat transfer range of the jet is enlarged along the direction of rotation speed. Against the direction of rotation speed, the wall jet area is reduced, but the heat transfer in this area is enhanced. At the inlet condition with constant mass flow rate q, the heat transfer efficiency is observed to enhance with the increase in the outlet pressure from 2.5MPa to 4.5MPa. It is discernible from these figures that the additional nozzles (Fig. 6d) significantly weakens the convective heat transfer intensity but and increases the heat transfer uniformity, compared to the case of 8 nozzles (Fig. 6b). In a gas jet cooler, flow is impinged to the rotor surface at high speed through the circular arranged nozzles in the confinement boundary. Then, part of the fluid is redirected by the rotor surface velocity after impinging on the target surface and evacuates towards the streamwise direction in the radius gap. Rotor speed creates a crossflow around the nozzle in the radius gap against the jet flow (Fig. 7). In this study, the rotation speed of the rotor defaulted to 50,000 RPM unless otherwise specified.
The common feature present in all four heat transfer coefficient graphs (Fig. 6) is the presence of the asymmetry of the heat transfer intensity around the nozzle. As the direction of the fluid velocity at exit the nozzle changes on the surface of the shaft, the velocity of the crossflow gradually decreases towards the direction opposite to the rotation of the rotor with the addition of subsequent jet flows (Fig. 7b). Therefore, downstream jets (the jet direction around the nozzle is consistent to the direction of the shaft speed) are subject to relatively stronger cross-flow compared to upstream jets (the jets direction around the nozzle is opposite to the direction of the shaft speed). Compared with Figure 7a and 7b, it can be found that the strong encounter between rotor shaft speed and cross-flow intensifies the local heat transfer by varying the magnitude of jet velocity, especially in designs with large outlet pressure (po = 3.5 MPa, po = 4.5 MPa). For instance, surface average Nusselt number Nu enhanced by 5.98% relative to n = 0 rpm (Nu = 37970.05) at n = 50 krpm (Nu = 40242.79) for Po = 4.5MPa.
	[image: thumbnail]	Fig. 5 Variation trend of Nu with Nidi/C, di = 2 mm, q = 0.19 kg/s. (a) H/di = 0.1. (b) H/di = 0.25. (c) H/di = 0.5. (d) H/di = 1.



	[image: thumbnail]	Fig. 6 The heat transfer coefficient contour maps with various outlet pressure. (a) Ni = 8, po = 2.5MPa. (b) Ni = 30, po = 3.5MPa. (c) Ni = 8, po = 4.5 MPa. (d) Ni = 30, po = 3.5 MPa.



	[image: thumbnail]	Fig. 7 Heat transfer coefficient vs flow velocity distributions. (a) Surface heat transfer coefficient. (b) Distribution of the flow velocity.



3.2 Effect of H/di on the average heat transfer
The purpose of the implemented study was to examine various configuration parameters of the cooler directed perpendicularly to the shaft surface to find solution with a non-inferior optimal heat transfer performance. If the total mass flow rate q between the confinement boundary and shaft surface remains constant, cross-flow become an important factor that significantly affects the convective heat transfer performance on the fluid-solid coupling surface. Heat transfer on the shaft surface take place mainly by jet impingement around the nozzle region.
Variation trend of Nu on the cooling zone for the normal single row surrounded gas jet were also assessed in this study to exhibit the effect of H/di on heat transfer performance of cooler. Comparison of Nu variation trend over radius gap (H) with different outlet pressure (po = 1.5 MPa, po = 2.0 MPa, po = 2.5 MPa, po = 3.5 MPa, po = 4.5 MPa) are presented in Figure 8. When H/di = 0.067 (H = 0.2 mm), the Nu is the largest for all case of po. And, the lowest overall heat transfer efficiency was acquired on H/di = 0.67. The tendency of the Nu related to nozzle number Ni is clearer compared to that of the Nu related to H/di. It is obvious that convection heat transfer performance of a narrow radius gap (H) impinging jet is higher than that of the a large spacing impingement, although increasing the nozzle-to-surface spacing H can also promote the enhancement of the average Nusselt number to a certain extent, as shown in Figure 8.
Figure 9 shows that hermal performance becomes worse with the increase of nozzle diameter (in this case, H/di decreases). Therefore, increasing di may not be considered as a feasible application to reduce dimensionless nozzle-to-surface spacing H/di for a single row array gas jet on a cylindrical surface. Comparison of average Nusselt number between nozzle configuration of di = 5mm array jet impingement and di = 7 mm array jet impingement with variation of outlet pressure are presented in Figure 10. As it is distinctly seen that enlarging di increased the average Nu number for all outlet pressure boundary conditions in the figure. As the radius clearance gets narrower, flow heat transfer performance become more complex in the cross flow region. Comparison of Figures 9 and 10, it can be found that the conclusion that the thermal performance of jet impingement improves with the decrease of the dimensionless nozzle-to-surface spacing (H/di) made in the previous literature [3,8,30] may no longer be applicable in the industrial application of small gaps (for instance H = 0.2 mm) gas jet impingement. Depending on nozzle to rotor surface spacing H, the decrease of H/di may have positive or negative effects on the heat transfer performance from the impingement surface. Reducing the radius gap H, for a certainty, increases the average density of the fluid in the clearance, which is desirable in applications that enhance heat transfer performance. But with larger nozzle diameters, the picture is less clear.
	[image: thumbnail]	Fig. 8 Effect of H/di (di = 3 mm) on the Nu with different outlet pressure po.



	[image: thumbnail]	Fig. 9 Effect of H/di (H = 0.2 mm) on the Nu with different outlet pressure po.



	[image: thumbnail]	Fig. 10 Comparison of the Nu between di = 5 mm and di = 7 mm.



3.3 Factors affecting thermal performance
Heat transfer in jets impingement is of interest due to its complex flow characteristics and industrial applications. To investigate the factors of contribution on heat transfer efficiency, the nozzle to the shaft surface distance was selected as the representative spacing of H = 0.05 ∼ 1 mm. The average Nusselt number (Nu) on the shaft surfaces for several outlet pressure (po = 2.0 MPa, po = 2.5MPa, po = 3.5 MPa, po = 4.5 MPa) are presented in Figure 11. First of all, at a given inlet mass flow rate, higher Nu directly indicates better heat transfer performance with increasing outlet pressure. Overall heat transfer on the interface enhanced by narrowing H at the condition of constant mass flow rate q inlet, as shown in the figures. In addition, the narrowing in H contributed to the increasing of average flow velocity (v) and average fluid density (ρ) in the radius gap. The v and ρ are positively correlated with the Nu.
Figure 12 shows the comparison of the Nu of the interface with extremely narrow radius clearance H = 0.1 mm and H = 0.05 mm. The Nu value are closely related with the H. After the jets impinge on the cylindrical wall, the curved surface jet developed toward both outlet and streamwise directions, followed by part of the gas flowing along the curved surface and interacts with the wall jet due to velocity of shaft surface. Accordingly, the high heat transfer zone was relocated toward the direction opposite to the rotor rotation (Fig. 13). Figures 14 and 15 shows the distributions of the velocity and density for H = 0.1 mm and H = 0.05 mm in the wall jet region, respectively. As can be seen here a further narrowing of the radius clearance would cause a uniform increase in the density and attenuation in velocity of the jets and the additional local density extremums are formed. The narrower the radius gap H, the smaller the difference in the rate of heat transfer change depending on the outlet pressure. However, it cannot be considered that performance of overall heat transfer will be enhanced with increasing of flow velocity and density, for now. Narrowing of radius clearance H may also increase the intake power and the cooling cost.
The increase in the nozzle diameter leads to an additional Reynolds number Re variation for the flow. Therefore, it is significant to evaluate the effect of fluid density and flow velocity in the radius gap and compare the results with different nozzle-to-surface spacing (H). The correlations between Nusselt number and flow velocity and fluid density are depicted in Figures 11, 16 and 17 respectively. The ρ and v in the figures are still the average density and average velocity of fluid between the rotor surface and confinement boundary. Figures 11 and 16 show that the average density increases with the increase of outlet pressure, while the average velocity is the opposite. Generally, when the inlet mass flow rate increases, the overall heat transfer performance is enhanced. However, for practical reasons such as gas supply mode, inlet pressure boundary conditions is necessary. Hence, the derivative of the surface average Nusselt number with respect to the inlet mass flow rate (∂Nu/∂ q) is a measure of thermal efficiency. The larger the ∂Nu/∂ ρ, the higher the utilization rate of the gas.
It is interesting to note that the ∂Nu/∂ q was larger in the case of low inlet pressure (corresponding to a small mass flow rate) impingement than that of high inlet pressure (corresponding to a larger inlet mass flow rate) impingement (Fig. 18). This tendency is contrary to the original intention of improving the inlet pressure to increase the heat dissipation efficiency. It can be explained that the overall heat transfer effect is enhanced with the increase of inlet pressure due to the increase of fluid density in the radial gap (Figs. 17 and 18a). However, the derivative of the fluid velocity with respect to the mass flow (∂v/∂ q) decreases with the increase of the inlet pressure. And as shown in Figure 18b, the decreasing trend coincides with the ∂Nu/∂ q. With the increase of pressure difference Δp between inlet and outlet, the ∂ρ/ ∂ q increases, while the ∂Nu/∂ q and ∂v/∂ q decreases, at the radial clearance H remains constant. But the overall heat transfer performance is still increased as the mass flow rate increases. As the results, the fluid density was established to be a dominant factor and velocity to be secondary for the heat transfer performance of the narrow clearance gas jet. For higher pressure differences (between inlet and outlet), the average Nusselt number and average fluid density are increased, however, the utilization rate of the gas decays (the ∂Nu/∂ q decrease) as the total mass flow rate increases.
	[image: thumbnail]	Fig. 11 Comparison of the average Nusselt number variation trend with that of fluid density and velocity, di = 3  mm, q = 0.051 kg/s. (a) Nu vs flow density, po = 2.0 MPa, (b) Nu vs flow velocity, po = 2.0 MPa, (c) Nu vs flow density, po = 2.5 MPa, (d) Nu vs flow velocity, po = 2.5 MPa, (e) Nu vs flow density, po = 3.5 MPa, (f) Nu vs flow velocity, po = 3.5 MPa, (g) Nu vs flow density, po = 4.5 MPa, (h) Nu vs flow velocity, po = 4.5 MPa.



	[image: thumbnail]	Fig. 12 Variations in the Nu with outlet pressure (po) for H = 0.05 mm and H = 0.1 mm.



	[image: thumbnail]	Fig. 13 Comparison of the density distribution between H=0.1mm and H=0.05 mm. (a) H=0.1 mm. (b) H=0.05 mm.



	[image: thumbnail]	Fig. 14 Comparison of the velocity distribution between H=0.1mm and H=0.05 mm. (a) H=0.1 mm. (b) H=0.05 mm.



	[image: thumbnail]	Fig. 15 Comparison of the heat transfer coefficient distribution between H=0.1mm and H=0.05 mm. (a) H=0.1 mm. (b) H=0.05 mm.



3.4 Heat transfer
The temperature distribution of shaft was investigated. The impinging jets were tested with a solid shaft (shown in Fig. 19) heated amongst along the right-hand end. The temperature of the heat source is 1073 K. It is shown that a flow with inlet pressure of 0.8 MPa reduces the free end to an average temperature of 350.32 K. The heat transfer between the shaft and the fluid can be seen with a gradually decreasing thermal gradient (from right to left along the axis) inside the shaft. Demonstrated in the figure is the basic principle for impingement heat transmission that a stream impacts directly onto the target surface with thermal boundary layers to transfer heat efficiently.
Flow from the annular region moves through the nozzles to the radial clearance. Conjugate heat transfer is directly affected by the inlet pressure. Increasing the inlet pressure may increase the overall heat transfer coefficient by causing a larger mass flow rate (q) in the radial clearance, it may also increase the heat transfer coefficient by increasing the fluid velocity. Figure 20 demonstrates the average temperature of shaft free end over the investigated mass flow rate range for the configuration of 16 nozzles (16-jet). It is depicted that the average temperatures decays faster at lower pressures. But, the (∂Tav/∂ ps) no longer shows significant attenuation after a certain threshold inlet pressure (approximately 0.9 MPa) is reached. Once this happens in actual engineering, as the mass flow rate increases further, the system's mass flow rate utilization rate decrease sharply with a corresponding increase in pressure. This is not desirable because it may waste a lot of energy while enabling the hydrodynamic pressure effect to be aggravated.
	[image: thumbnail]	Fig. 16 Variation of average Nusselt number Nu and fluid density r as functions of outlet pressure po, di=6 mm, q=0.06 kg/s. (a) H=0.1 mm. (b) H=0.05 mm.



	[image: thumbnail]	Fig. 17 Variation of average Nusselt number Nu and flow velocity v as functions of outlet pressure po, di=6 mm, q=0.06 kg/s. (a) H=0.1 mm. (b) H=0.05 mm.



	[image: thumbnail]	Fig. 18 Comparison of the average Nusselt number between density effect and velocity effect with different inlet pressure, H=0.2 mm, di=2 mm, po=0.1 MPa. (a) Average Nusselt number Nu vs fluid density r, (the raw data are attached in Tab. A1). (b) Average Nusselt number Nu vs flow velocity v. (the raw data are attached in Tab. A2).



	[image: thumbnail]	Fig. 19 Temperature contours of the flow and shaft domain showing the heat dissipation of the CO2 flow for 16-jet at ps = 0.8 MPa.



	[image: thumbnail]	Fig. 20 Average temperature distribution of free end vs inlet pressure for 16-jet.



4 Report of an experiment
4.1 Experimental setup for thermographic
Figure 21 shows the experimental setup for temperature measurement. The temperature distribution images were captured by the infrared thermal imager. The disc was connected with shaft for heat transfer. The disc was heated by an electromagnetic induction device with a power of 2.2 kW. The disc was 100 mm in diameter and demonstrated a rotation speed of 50000 rpm. Cooling gas is supplied to the cooling device by pipeline (gas inlet). A thermocouple and a pressure sensor measure the true pressure and temperature of the gas in the annular tube (Fig. 2), respectively.
	[image: thumbnail]	Fig. 21 Experimental setup for infrared thermographic thermometry.



4.2 Measurement result
The experimental conditions measured by the sensors and images for temperature distribution on the discs and shaft are presented in Figure 22. As the air jet impinges on the shaft, the temperature field of heated discs change. Figure 22a and 22b shows the forward view of the temperature distribution at the cantilever end of the rotor, with the same boundary conditions for CFD and experiment. The development of surface temperature gradient can be clearly recognized from the temperature nephogram. In case of front view, the axial temperature gradient is divided into three ranges, corresponding to the shaft, the middle disc, and the large disc. In the temperature field, the abscissa line L1 represents the surface temperature of shaft and discs. When the temperature of the system stabilizes over a long enough time, it can be observed that the temperature of the middle disc decreases rapidly along the axial direction, whereas the temperature of the larger disc near the heating device seems to remains constant. The temperature field on the large disc is used for the thermal boundary conditions of CFD, as shown in Figure 9a and 9c. Therefore, the temperature change of the shaft is relatively gentle. Figure 22c compares the temperature distribution of L1 experimentally and numerically. The numerical results are basically in agreement with the experimental data. Both showed very similar trends and inflection point behavior. Inflection points appear where the diameter of the rotor changes. It is obvious that the discs also has a temperature gradient along the radial direction.
	[image: thumbnail]	Fig. 22 Comparison of experimental data and CFD results. (a) Numerical. (b) Experimental. (c) Experimental and numerical data on line L1.



5 Conclusion
Numerical and experimental studies are presented to characterize fluid density and velocity distribution and convective heat transfer for the rotational cylindrical surface subjected to array gas jet impingement for a given inlet mass flow rate and outlet pressure. The SST k-omega turbulence model is selected for the numerical experiments after the performance evaluation of grid independence and numerical solution procedure. The purpose of this study is to improve the heat transfer performance of the array jet, especially sufficiently the mass flow utilization of the coolant. With the aims in mind, parameters such as the number of nozzles, pressure and the radius gap are studied in a sufficiently wide range. The derivative of Nu with respect to the mass flow rate is used as an important indicator to measure the utilization rate of the coolant, and a detailed quantitative inspection has been carried out. Infrared thermal imaging method was employed to examine the CFD studies of convective heat transfer. The numerical predictions are basically in agreement with the experimental data. The experimental study was revealed the numerical results of the temperature with a deviation of 4.25% for the minimum temperature and a deviation of −0.07% for the maximum temperature. The difference between the experimental and the numerical results was −14.46% for average temperature. Moreover, many combinations of radius clearance (H), nozzle diameter (di), outlet and inlet conditions, were discussed. The following conclusions were summarized from the study.
	Results showed that reducing the number of nozzles around the shaft improved the convective heat transfer efficiency on the target surface. Within the range of parameters studied, a relatively high average Nusselt number Nu is obtained at Ni ⋅ di/C equal to 0.17 or 0.19, at a given inlet mass flow rate.


	Results showed that rotational speed and cross-flow between two adjacent nozzles affected jet velocity distribution and bended the cross-flow towards direction of the rotation. Consequently, Nusselt number local peak on the shaft surface dislocated towards the direction opposite to the rotation of the rotor, and the corresponding local convective heat transfer performance is enhanced. On the other hand, surface velocity counteracted the mutual interaction between the jet and cross-flow on the other side (towards the direction of rotation) of the nozzle. Therefore, the high speed of the rotor does not have a huge impact on the overall heat transfer performance of the gas jet impingement. As an example, it can be seen from the results that the high-speed rotation (n = 50 krpm) of the rotor surface increases the Nu on the target surface by only 5.98% relative to n =  0rpm for the same boundary conditions.


	Numerical computations showed that the velocity of the carbon dioxide gas on the impinging region decreased with narrowing nozzle-to-surface separation distance (H), but the average density of gas increases. This established why the narrowing radius clearance enhanced heat transfer performance on the surface of interest.


	The numerical results showed that narrowing of H increased both overall Nusselt number on the impingement surface and pressure drop of the cooler, which means that more intake power will be consumed. Note again, the density in the radial gap increases but the flow velocity is attenuated. Therefore, H/di was investigated to present whether the gas jet impingement with extremely narrow radius clearance was feasible or not for the jet impingement cooler. As a result, gas jet impingement heat transfer for micro clearance H was primarily affected by the jet density ρ, while the flow velocity v effect was secondary, with higher fluid density yielding in better convective heat transfer performance. This tendency was observed for both H = 0.1 mm and H = 0.05 mm at inlet mass flow rate q = 0.06 kg/s.


	The H/di has a strong complex effect on heat transfer. The overall heat transfer was enhanced as the jet-to-target spacing (H/di = 0.067 ∼ 0.33, di = 3 mm) decrease, across all inlet and outlet boundary conditions studied. However, the average Nusselt number for configuration of H/di = 0.029 ∼ 0.067 (H = 0.2 mm) have the opposite variation trend. On the other hand, for extremely micro spacing (H = 0.05 mm, di = 6 mm), at any specific pressure boundary conditions of the outlet, the Nu at the impingement surface are significantly bigger than that of H = 0.1 mm (di = 6 mm). Hence, for the gas jet impingement with narrow confinement boundary, the simple consideration of Reynolds number based on dimensionless spacing (H/ di) cannot reflect the real overall heat transfer characteristics of the flow field.


	The increasing of pressure difference between inlet and outlet improved both overall heat transfer on the target surface and average density distribution in the clearance. However, relative to mass flow rate, the derivative of the average Nusselt number (Nu) on the target surface and average velocity in the clearance gradually decreases with the increase of the inlet mass flow rate q. As a result, the efficiency of mass flow utilization decrease as the inlet pressure ps increases for given outlet pressure po boundary conditions.
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