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Abstract – This paper presents thermohydrodynamic solutions for a ﬁnite-width journal bearing with
single axial groove on the crown by considering turbulent eﬀects in lubricant ﬁlm. Appropriate governing
equations and boundary conditions are used for the ﬂuid ﬂow and heat transfer process occurring in ﬁnite
full journal bearings. A general computer program is developed to numerically solve the set of governing
equations. Results are provided for THD characteristics of journal bearing in terms of Reynolds number,
clearance ratio and eccentricity ratio. Good agreement with published experimental results was achieved.
The results indicate that the bearing temperature ﬁeld and pressure ﬁeld are considerably inﬂuenced by
the journal bearing parameters.
Key words: Journal bearing / turbulent ﬂow / simulation

1 Introduction
Hydrodynamic journal bearings have been widely used
to support high-speed rotating machinery such as turbines, compressors and pumps. Especially, among the various types of hydrodynamic journal bearings, cylindrical journal bearings are popular because of their simple
structure, relatively low manufacturing cost, and superior durability due to the high load carrying capacity and
stability. Therefore, it is an important engineering problem to improve the operating characteristics of cylindrical
journal bearings in the high-speed operation conditions
for enhancing the quality of rotating machinery. Generally, as the operating characteristics of high-speed cylindrical journal bearings are governed by a number of bearing parameters, the bearing designers usually try to select
the design variables by the conventional trial and error
method using many design charts.
Milne [1] used the two-dimensional Navier-Stokes
equations to derive the one dimensional lubrication equations with inertia included. Milne found that, though the
two analyses diﬀered in approach, the results of the two
analyses agree in numerical detail. The one dimensional
transient case for a journal bearing conﬁguration was
treated in 1970 by Fritz [2]. Extension to two-dimensional
lubrication was accomplished by Smalley et al. [3], who
treated both discontinuous ﬁlm thicknesses and turbulence. These authors solved coupled partial diﬀerential
a
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equations with the stream function and pressure as dependent variables.
Saibel and Macken [4] have critically reviewed the literature and Taylor and Dowson [5] have compared various
turbulent lubrication theories as applicable to bearing design. Constantinescu [6], Ng and Pan [7], Ho and Vohr [8]
and Hirs [9] have developed diﬀerent theories for turbulence in lubricant ﬁlms.
Thermal eﬀects in turbulent lubrication were ﬁrst introduced by Lund and Arwas [10]. Constantinescu [11]
employed a global heat balance to derive thermal energy equations in terms of average temperatures across
the ﬁlm thickness. A semi-analytical solution was introduced by Safar and Szeri [12]. They assumed that the
shaft is isothermal and that the bearing conducts heat in
the radial direction.
A semi-analytical study of the inﬂuence of inertia
terms and the eﬀects of convection and dissipation on
an inﬁnitely long bearing was presented by Safar [13].
Hashimoto and Wada [14] developed a theoretical approach to turbulent lubrication problems including surface roughness eﬀects based on a logarithmic velocity distribution law in the turbulent boundary layers. The three
dimensional motion in the lubricant layer of a journal
bearing, operating from laminar to turbulent ﬂow conditions, was analyzed theoretically by Venkateswarlu [15].
The velocity and pressure ﬁelds were calculated from the
governing diﬀerential equations using an iterative numerical method. The eddy viscosity was modeled by considering the Van Driest damping parameter.
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radial clearance
speciﬁc heat
bearing diameter
eccentricity
force
lubricant ﬁlm thickness
convection heat transfer coeﬃcient
thermal conductivity
bearing width
normal direction
pressure
Peclet number, Vs cα−1
lubricant ﬂow rate
shaft radius
inner radius of the bush
bush outer radius
Reynolds number, ρ Vs cμ−1
lubricant temperature
inlet lubricant temperature
bush temperature
ambient temperature
mean velocity in i direction
mean velocity components in x-, y- and z-directions, respectively
oil inlet velocity from the groove
linear velocity of the shaft
Greek Symbols
coeﬃcient of thermal diﬀusivity
temperature-viscosity coeﬃcient
turbulence kinetic energy
turbulence dissipation rate
angle in direction of rotation
half angle of groove span
ratio of groove length to bearing length
dynamic viscosity
dynamic viscosity at inlet temperature
kinematic viscosity
shaft angular speed
density
Subscripts
ambient
bush
cavitation
liquid
mixing
recirculation
shaft
side
supply
1, 2 and 3 denote x-, y- and z-directions, respectively
Superscripts
time average
non-dimensional form of the variables
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A model of Reynolds stress in turbulent lubrication
theory was proposed by Tieu and Kosasih [16] based on a
modiﬁed Van Driest mixing length formula [17]. The theoretical analysis was used to study the eﬀects of pressure
gradient and Reynolds number on the velocity proﬁles.
Lee and Kim [18] brought out a physical model which
combined the algebraic Reynolds stress model for the
turbulent kernel and the Prandtl’s mixing length theory
for the near-wall regions. They predicted that the performance of ﬁnite journal bearing operated in turbulent
regime can change greatly depending on both the turbulence model and the cavitation boundary condition.
In 2004, Chun and Ha [19] considered the eﬀects of
variable density and variable speciﬁc heat on maximum
pressure and maximum temperature in high-speed journal bearing operation. They used the Reynolds equation
for computing lubricant pressure in a steadily loaded journal bearing with inﬁnite width under turbulent condition.
Through the result of analysis, they concluded that under high speed operations, the consideration of variable
density and variable speciﬁc heat on the calculation of
bearing load and frictional power loss cannot be ignored.
Peng and Khonsari in 2006 [20] developed a
THD model for predicting the three-dimensional temperature ﬁeld in an air-lubricated journal bearing. In that
study, they used simultaneous solution of Reynolds equation and the energy equation for air ﬂow in the gas bearing. Parametric studies covering a fairly wide range of
operating speeds and load conditions were carried.
However, from this review it is clear that, as far as
the authors are aware, in the most of previous theoretical works the classical theory of lubrication was considered that inertia forces should be negligible against
viscous stresses and pressure forces; however in journal
bearings, the inertia forces might become preponderant
due to small kinematic viscosity and due to high linear
speed of rotating shaft. The presence of inertia forces in
lubricant ﬁlms does not allow rigorous use of the Reynolds
equation for bearing calculations. On the other hand,
when the inertia forces reach a certain value, they change
the ﬂow structure that becomes, progressively, turbulent.
Consequently, when the Reynolds number, is increasing,
the Taylor’s vortex pattern ﬂow and the turbulent regime
may occur. Thus, the main goal of the present work is
to provide a comprehensive set of data for the steady
state three-dimensional THD characteristics of journal
bearings running under turbulent conditions. So the full
Navier-Stokes equations, turbulent kinetic energy and its
dissipation rate equations are solved along with the energy equation in the lubricant ﬂow and the heat conduction equation of bush and shaft to obtain the steady
state characteristics. The turbulent ﬂow inside the journal
bearing is modelled using a modiﬁed low-Re k − ε turbulence model [21]. The model can reproduce the near-wall
limiting behavior and provides accurate predictions for
the boundary layer of turbulent ﬂows with favorable or
adverse pressure gradients such as ﬂow of the lubricant
in journal bearings. The problem is formulated mathematically and solved numerically using the computational
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ﬂuid dynamics (CFD) approach with appropriate boundary conditions. A suitable cavitation model is applied for
considering cavitation eﬀects. In order to investigate the
inﬂuence of main parameters on the steady state performance characteristics of journal bearings for a variety of
simulated operating conditions, diﬀerent values of eccentricity, radial clearance and shaft rotation speed are considered. The computational results are in good agreement
with the experimental and theoretical ﬁndings.

2 Formulation
For a three-dimensional, steady state, turbulent ﬂow
with incompressible Newtonian ﬂuid, the dimensionless
form of the continuity and Navier-Stokes equation may
be written as follows:
 +
Ūi ,i = 0
(1)
 + +


1  +   +
+
Ūi Ūj ,j = −p̄+
Ūi,j + Ūj,i
− ui uj ,j (2)
μ
,i +
Re
The term ui uj appears on the right hand side of Equation (2) is the Reynolds stress tensor. By using Boussinesq
assumptions which links the Reynolds stresses to the velocity gradients via the turbulent dynamic viscosity:

 2
ρui uj = −μt Ūi,j + Ūj,i + δij ρk
3

(3)

and inserting Equation (2) in Equation (3), after some
mathematical manipulations, yields:
 + +


1
Ūi Ūj ,j = − p̄+ + 2k + ,i +
Re

 +

+
Ūi,j + Ūj,i
× μ+ + μ+
t
,j

(4)

In the above equation, i, j equals 1, 2 and 3 denote x-, yand z-directions, respectively.
In order to study the thermal behaviors of journal
bearings, the energy equation and heat conduction equations should be solved in the lubricant ﬁlm and bearing, respectively. The nondimensional form of the energy
equations in the ﬂow ﬁeld and solid element may be written as shown below:
 + +
Ūj T̄ ,j =



1
μ+
+ t
P e δT Re

+
TB,j

,j


T̄,j+

+
,j

μ+ c
rs

 +
 +
+
Ūi,j
× Ūi,j
+ Ūj,i
=0

(5)

(6)

Owing to the high viscous dissipation rate, the dynamic
viscosity must be taken into account as a function of temperature, according to the following common form
μ = μi e−β

(T −Ti )

(7)
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In this expression β = 0.032 is the temperature-viscosity
coeﬃcient of the lubricant and Ti is the inlet lubricant
temperature.
A turbulence model is required to determine the turbulent shear stress existing in the governing equations.
The present analysis uses the AKN low Re κ–ε turbulence model (Abe et al. [21]). This model falls into the
class of eddy viscosity models. Two transport equations
are derived which describe transport of the turbulent kinetic energy and its dissipation. The Reynolds stress tensor is then computed using an assumption which relates
the Reynolds stress tensor to the velocity gradients and
an eddy viscosity. The latter is obtained from the two
transported scalars. The following equations are used as
transport equation for k–ε:




 + +
1
μ+
μ+
+
t
Ūj k ,j =
+ t
k,j
1+
Re
σk
Re
,j
 +
 +
+
Ūi,j − ε+
× Ūi,j + Ūj,i
 + +
Ūj ε̃ ,j =



1
Re



μ+
t
ε̃+
1+
,j
σε

,j

Cε1 μ+
t
Re

 +
 +
ε̃+2
+
× Ūi,j
Ūi,j − Cε2 fε +
+ Ūj,i
k

(9)

√
∂ k+
∂n

(10)

in which
2
ε = ε̃ +
Re
+

+

(8)

+

2

where n is the direction normal to the journal surface.
The non-dimensional forms of the damping functions fμ
and fε are given as follows:

fμ =


fε =


 2
Re0.75 ε+0.25 ys
1 − exp −
14

 
2 
5
Rek +2
× 1 + 3/4 exp −
(11)
200ε+
Rt


 2
Re0.75 ε+0.25 ys
1 − exp −
3.1

 
2 
Rek +2
× 1 − 0.3 exp −
(12)
6.5ε+

and ys is the normal distance of each nodal point to the
nearest solid boundary that damps the turbulence kinetic
energy. In addition, the dimensionless form of turbulent
dynamic viscosity may be written as
μ+
t = ReCμ fμ

k +2
ε+

(13)

According to the present turbulence model, the standard
model constants σk , σε , σT , Cμ , Cε1 and Cε2 are 1.4,

Table 1. Nondimensional variables.
Dimensional parameters
Linear coordinates xi
Film velocities components U i
Turbulent kinetic energy k
Turbulent dissipation rate ε
Pressure p
Dynamic viscosity μ
Turbulent dynamic viscosity μt
Kinematic viscosity
Temperature T

Normalizing parameter
c
Vs
Vs2
Vs3 /c
ρVs2
μi
μi
ν
μi ω(Rs /c)2 /ρcp

1.4, 0.9, 0.09, 1.4 and 1.9, respectively. Moreover, the dimensional and normalizing quantities are designated in
Table 1.
Also the Reynolds and Peclet numbers are deﬁned as
Re = ρVs c/μ and P e = Vs c/α, respectively. In order to
solve the coupled diﬀerential equations of the problem,
appropriate boundary conditions should be implemented,
thus the boundary conditions for the above diﬀerential
equations are summarized in Figure 1.
It is noteworthy that in journal bearing the cyclic variation of the shaft temperature is small and the shaft may
be considered as an isothermal surface whose temperature is much closer to the mean lubricant temperature on
bearing inner surface [22]. Hence, at each axial section the
shaft temperature is computed as follow:
1
Ts =
2π

2π
T̄


r=ri

dθ

(14)

0


where T̄ r=r denotes the variation of circumferential lui
bricant temperature on the bearing inner surface at each
axial section.
In the vicinity of inlet groove, the temperature of recirculating ﬂuid, Trec , is naturally higher than the temperature of the incoming supply lubricant, Tsupply . Thus,
the recirculating ﬂow transfers a portion of its energy to
the supply oil at the inlet. An energy balance at the inlet
gives (Heshmat and Pinkus [23], Khonsari et al. [24]):
T̄mix =

T̄rec Qrec + T̄supply Qsupply
Qrec + Qsupply

(15)

where Qrec and Qsupply are given by the following equations
  ri
V̄θ (r, π − θi , z) drdz
Qrec =
(16)
Δz


Qsupply =

2θi

Δz

l(π−θi )

vi ri dz

(17)

In addition, at the groove location, the source term in the
energy equation is disregarded across the lubricant ﬁlm.
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Fig. 1. The boundary conditions of the problem.

Furthermore, for all dependent variables, periodic
boundary condition in circumferential direction is implemented as follows:




p̄, T̄ , Ū , V̄ , W̄ , k, ε θ=0 = p̄, T̄ , Ū , V̄ , W̄ , k, ε θ=2π
(18)



∂(p̄, T̄ , Ū , V̄ , W̄ , k, ε)
=
∂θ
θ=0


∂(p̄, T̄ , Ū , V̄ , W̄ , k, ε)
∂θ
θ=2π

(19)

Besides, in order to calculate the inlet oil velocity vi at
each iteration, ﬁrstly, the lubricant side leakage is computed as
rB 2π
W̄ drdθ
(20)
Qside =
rB 0

in which, W is the axial velocity component at the outlet
section, and secondly the oil entering ﬂow rate from the
inlet hole must be equal to the lubricant ﬂow rate leaving the bearing, such that at each iteration, the inlet oil
velocity is modiﬁed as:
vi =

Qside
ri θi λL

(21)

In the above equation λ is slenderness ratio, i.e., the ratio
of groove width to bearing width.
The following is the two equations for the components
of the pressure force along the line of center and normal
to it.
L/2 Rθ

 cav
p cos θ dθ dz
(22)
Fx =
−L/2

0

L/2 Rθ

 cav

p sin θ dθ dz

Fy =
−L/2

(23)

0

Therefore, the attitude angle, i.e., the angle between the
load vector and the line of center is determined from the
two load components as:
 
 Fy 
ψ = tan−1  
(24)
Fx

3 Cavitation modelling
During iterative solution, whenever the pressure falls
below the value of cavitation pressure at a grid point, a
cavitation algorithm is considered. By this method, the
approximate boundaries locations of the cavitated region
at any axial section are determined at each iteration level.
In the cavitated region based on the experimental observation by Heshmat [25], there are two diﬀerent parts;
narrow oil streamlets extending over the gap and between
the ﬁlm rupture and reformation boundary, and a layer of
lubricant adhering to the journal and moving uniformly
with the journal speed (Fig. 2). Such detached pattern
suggests that there is a very weak bond between the moving streamlets and the stationary surface, permitting side
entrainment of gas to take place in the cavitated region.
Since, the range of cavitated domain can be distinguished with the values of lubricant pressure, it is necessary to solve the governing equations for obtaining the
lubricant pressure in the whole domain. Therefore, in the
applied cavitation model, to solve the governing equations that are written for a single phase ﬂuid, an attempt
is made to substitute an equivalent ﬂuid in the cavitated
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Fig. 2. The ﬁlm rupture and reformation boundaries of the
cavitated region at each axial section.
Fig. 3. The schematic of cavitation.

region. To formulate this model, it is assumed that a homogenous mixture of lubricant and vapor exists in the
cavitated zone with mean physical properties depending
on the fraction of liquid and vapor. The liquid fraction γ,
is computed on the basis of continuity requirements. This
parameter is deﬁned as the volume of liquid to lubricant
volume such that one can compute the density of mixture
in the cavitated region by:
ρ = γρ + (1 − γ)ρv

(25)

The value of γ varies in circumferential direction, such
that γ = 1 for the uncavitated part. Now, other mean
properties of the mixture such as dynamic viscosity and
thermal conductivity can be calculated as:
m mν
m=
(26)
m − γ(m − mν )
For computing the value of γ based on continuity requirements, a two-dimensional continuity equation is applied.
For the purpose of illustration and referring to Figures 2
and 3, if h(θ) and h (θ) are the total ﬁlm thickness and
the liquid ﬁlm thickness, respectively, then the lubricant
mass ﬂow rate with the assumption of uniform velocity
distribution for the liquid layer and linear one for the vapor ﬂow is computed as follows:
V̄s
[h(θ) − h (θ)]
(27)
2
which leads to the following equation for computing the
liquid ﬁlm thickness
ṁθ = ρ V̄s h (θ) + ρv

h (θ) =

ṁθ − 0.5V̄s ρv h(θ)
V̄s ρ − 0.5V̄s ρv

(28)

where ṁθ is a known parameter which can be computed
in the uncavitated region by
ri
m=

ρ Vθ (θ1 − Δθ, r)dr
(θ1 −Δθ)

(29)

After computing the value of the liquid ﬁlm thickness
from Equation (28), the liquid fraction in the cavitated
part of the lubricant ﬂow can be obtained by:
γ=

h (θ)
h (θ) + 0.5[h(θ) − h (θ)]

(30)

Consequently, using mean properties of the mixture in the
cavitated region, the complete set of governing equations
those are the continuity, momentum, energy, turbulent kinetic energy and dissipation rate are solved in the entire
ﬂow domain at each iteration. As the numerical solution
of momentum equation resulted in a negative absolute
pressure in the cavitated region, the pressure is set equal
to zero absolute pressure as the value of cavitation pressure for gaseous cavitation.

4 The procedure of computation
The nondimensionalized governing equations are discretized by using hybrid scheme and numerically solved
using the ﬁnite volume method and the SIMPLE algorithm. A computer program written in a modular fashion
in FORTRAN was developed.
Numerical solutions are obtained iteratively by the
line-by-line method progressing in axial direction. As the
result of grid tests for obtaining the grid-independent solutions, an optimum grid of 150 × 60 × 30 in circumferential, radial and axial direction, respectively, with clustering near the journal surface, was used for the ﬂow ﬁeld
calculations and a uniform grid of the same size was used
for the bearing. Also, the same grid size with clustering
near the journal surface was used for the shaft. The iterations were terminated when the sum of the absolute
residuals was less than 10−4 for each equation.
The iterations are repeated until the entire system
converged. Figure 4 depicts the ﬂow chart of the computer program.
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Fig. 5. The comparison between pressure distribution of
present work with theoretical and experimental data(e/c =
0.84, c/rs = 0.0088).

5 Results

Fig. 4. Flow chart of computer program.

In the present work, the set of governing equations for
turbulent lubricant ﬂow in journal bearings were numerically solved to obtain the THD characteristics of such
bearings. In the ﬁrst step, to examine the validity of the
numerical results, computations were carried out for a test
case and the computed results were compared with experimental data and with the theoretical results of Wada and
Hashimoto [26]. Figure 5 shows the pressure distribution
in the circumferential direction on the shaft surface. Obviously, the generation of hydrodynamic pressure in the
converging zone is seen in this ﬁgure such that the maximum pressure takes place in a section upstream to the
minimum ﬁlm thickness. However, Figure 5 shows that
there is a satisfactory consistency between the computed
pressure distribution with experiment and also with theory. Moreover, the following results are THD characteristics of journal bearings under turbulent ﬂow running
under severe operating conditions. The aforementioned
bearings have axial grooves located on the line of centers
at the section of maximum gap.
In the journal bearing, the Reynolds number, clearance ratio and eccentricity ratio are the main three parameters such that the THD characteristics of such bearing are markedly aﬀected by these parameters. In order
to study the eﬀects of these parameters on the hydrodynamic and thermal behaviors of journal bearings, the
variation of bush inner surface temperature and also the
distribution of the lubricant pressure on the shaft surface
at the mid-plane of the bearing are plotted in Figures 6
and 7 for diﬀerent values of Reynolds number, clearance
ratio and eccentricity ratio such that Figures 6a, b and c
display the pressure distribution, and that Figures 7a, b
and c display temperature distributions.
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(a)

(b)

Fig. 7. (a) Maximum bush, shaft and mixing temperature
variation versus clearance ratio (e/c = 0.4). (b) Maximum
bush, shaft and mixing temperature variation versus eccentricity ratio (c/rs = 0.002). (c) Shaft and maximum bush
temperature along axial direction (e/c = 0.4, c/rs = 0.002).

(c)
Fig. 6. (a) Circumferential pressure distribution for various
clearance ratios (Re = 8000, e/c = 0.4). (b) Eﬀect of eccentricity ratio on the lubricant pressure (Re = 8000, c/rs = 0.003).
(c) Inﬂuence of Reynolds number on the axial lubricant pressure (e/c = 0.4).

The generation of hydrodynamic pressure in the journal bearing is clearly observed such that Figure 3 reveals a
rapid increase in the lubricant pressure as the ﬂuid passes
through the converging zone of the bearing. The lubricant
maximum pressure occurs near the minimum gap after
which the lubricant pressure decreases sharply. The extend of cavitated domain can be easily distinguished in
which the magnitude of lubricant pressure is equal to the
vapor pressure.
To investigate the eﬀects of clearance ratio and bearing eccentricity ratio on the hydrodynamic behavior of
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journal bearing, the distributions of lubricant pressure
on the shaft surface at the mid-plane are plotted in
Figures 6a and b for diﬀerent values of the parameters e/c
and c/rs . These ﬁgures display that the value of hydrodynamic pressure generated in the pressure zone increases
with increasing in e/c and decreasing in c/rs , such that,
the larger eccentricity and smaller clearance ratio, the
higher load capacity. In addition, the eﬀect of bearing eccentricity on the angular position of maximum lubricant
pressure is that this point varies towards the minimum
ﬁlm thickness in the direction of shaft rotation.
The variation of lubricant maximum pressure for different values of axial section are presented in Figure 6c.
This ﬁgure illustrates that the value of hydrodynamic
pressure decreases along the bearing from the mid-plane
towards the end section. Besides, the phenomena of pressure increase with decreasing in e/c, c/rs and Reynolds
number is apparently seen in Figures 5 and 6. However, in
comparing the various pressures curves, one should recall
that the pressure is normalized by the factor ρVs2 , which
diﬀers numerically from one curve to the next. Consequently, the lubricant pressure p = ρVs2 p+ increases with
increasing the Reynolds number.
The inﬂuence of clearance ratio on the temperature
ﬁelds in the journal bearings is shown in Figure 7a. This
ﬁgure demonstrates the profound eﬀect of clearance ratio
on the variation of temperature in the journal bearings.
Apparently, the shaft temperature is constantly lower
than the maximum temperature of the bush and higher
than the minimum temperature of the bush and mixing
temperature.
The temperature ﬁeld of the journal bearing is signiﬁcantly aﬀected by eccentricity ratio as shown in Figure 7b,
such that whenever the shaft runs more eccentric results
higher temperature of the surface of journal and bush.
In order to enhance our understanding of the thermal
behavior of the journal bearings, the variation of lubricant maximum temperature and the journal temperature
for diﬀerent values of the Reynolds number along the axial direction are depicted in Figure 7c. This ﬁgure reveals
that the value of maximum temperature of the bush and
also the temperature of the shaft decrease along the bearing from the mid-plane towards the two end sections due
to the cooling eﬀect of inlet oil.
One of the main parameters which has a signiﬁcant
eﬀect on THD characteristics of journal bearing is the
lubricant side leakage. This lubricant axial ﬂow rate has
the key role in the cooling and heat dissipation removing
from the bearing system.
The eﬀect of eccentricity ratio and clearance ratio on
the lubricant side leakage for two diﬀerent values of Re
is shown in Figures 8a and b, respectively. These ﬁgures
exhibit that the lubricant ﬂow rate increases by increasing in e/c, c/rs and Reynolds number. One should recall
that in the computations of Figures 6, the lubricant side
leakage is non-dimensionalized by the parameter Vs cL.
The variation of the locus of the journal center as
a function of clearance ratio and Reynolds number is
shown in Figures 9a and b. It can be observed that when
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Fig. 8. (a) Side leakage as a function of clearance ratio (e/c =
0.6). (b) Side leakage as a function of eccentricity ratio (c/rs =
0.004).

eccentricity ratio increases attitude angle decreases, this
means that load carrying capacity of bearing has improved. In addition, the loci of the journal surface is not
signiﬁcantly aﬀected by the variation of Reynolds number
and clearance ratio, however the attitude angle increases
with rising in value of those parameters.

6 Discussion
The present paper dealt with the numerical simulation
of the ﬂow and heat transfer inside the journal bearing.
Present computational approach is valuable to the practical modeling of the journal bearing operating under turbulent regime and in preparing the design charts in prediction of both hydrodynamic and thermal behaviors of
journal bearings. The three dimensional THD characteristics of journal bearings with single axial groove located
on maximum ﬁlm thickness, operating under turbulent
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Reynolds number, eccentricity ratio and clearance ratio increase.
(5) The loci of the shaft center varies as journal parameters vary.
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