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Abstract – Water-lubricated bearings are expected to be widely used because of convenience, green, safe
and energy saving. The purpose of this study is to provide references for designing hydrodynamic water-
lubricated step thrust bearings. The numerical analysis is undertaken under the condition of different
pad dimensions, step heights, step positions, water film thicknesses and rotational speeds of thrust rings
based on computational fluid dynamics (CFD). The results including pressure distribution, load carrying
capacity, friction torque and friction coefficient are gained and compared for optimizing geometry parame-
ters. A reference to determine water-lubricated step thrust bearing dimensions and a formula to check the
minimum water film thickness are proposed.
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1 Introduction

Step thrust bearings are widely used in pumps, high-
speed turbomachineries to support axial loads because
of its easy manufacturing and low cost [1, 2]. Presently
the conventional lubricant is oil, but it has many dis-
advantages such as serious waste of resources, environ-
mental pollution caused by oil leakage, explosive hazard,
large bulk and complex structure, poor flexibility and ma-
neuverability [3]. Moreover, oil-lubrication is infeasible in
some special condition such as nuclear pumps. Water re-
sources are rich and water has advantages of convenience,
green, safe and energy saving, therefore, more and more
attention has been paid to water-lubrication [4]. However,
water has a lower viscosity than that of oil, and the load
carrying capacity of water-lubricated bearings is much
smaller than that of oil-lubricated bearings. Works on
water-lubricated bearings [5–8] showed that the bearings
usually operate in the regime of mixed lubrication and the
lubrication mode might convert to hydrodynamic when
load decreases. Wang et al. [5,6] studied the critical load,
considering the sudden increase in the friction coefficient
as the transition of lubrication mode. The present work
focuses on the hydrodynamic water-lubrication, considers
the minimum water film thickness as a criterion of lubri-
cation mode and aims at giving a reference for designing
hydrodynamic water-lubricated step thrust bearings.

a Corresponding author: yinzw@sjtu.edu.cn

Step thrust bearings have traditionally been analyzed
using Reynolds equation since the early twentieth century.
In 1918 Rayleigh [9] analyzed several kinds of slider bear-
ing profiles and found that a step convergence showed
in Figure 1a would provide the greatest load per unit
width neglecting side leakage. Archibald [10] considered
side leakage when studying the load carrying capacity of a
square step slider. Kettleborough investigated step thrust
bearings with an electrolytic tank in 1953 [11] and by ex-
periments in 1955 [12]. Then Rohde [13] used the finite
element method to solve the problem. The optimum vari-
ables they gained for designing a straight step bearing
are summarized in Table 1. It indicates that the opti-
mum step height δ is about 0.7 times of the minimum film
thickness h2, and the optimum L1/L2 changes with pad
width-to-length ratio B/L. However, the sector pad was
simplified to rectangle slider when they did the theoretical
derivation or numerical simulation, and oil grooves were
ignored, thereby reducing computation. There are also
many research works in which infinite width step slider
bearing hydrodynamic problems were solved by solving
Reynolds Equation using numerical schemes or analytical
method [1, 14].

In recent years, with the development of computer
technology, many researchers have used commercial CFD
programs which are based on the full Navier-Stokes equa-
tions to solve lubrication problems. Chen et al. [15]
demonstrated the validity of using CFD software to
handle hydrodynamic lubrication problems pertaining
to slider bearings, step bearings, journal bearings and
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Nomenclature

B Pad width = R2-R1

B/L Pad width-to-length ratio
f Friction coefficient = Mfr/(WRm)
h1, h2 Film thicknesses at inlet and outlet of clearance
hg Groove depth
k Pad ratio = α/(α + β)
L, L1, L2 Pad lengths (see Fig. 1), L = 2πRmk/n = L1 + L2

Lg Groove length
Mfr Friction torque on the thrust ring
M∗

fr Non-dimensional friction torque = Mfrh2/(nμUmLBRm)
N Rotational speed
n Number of pads
p Pressure
p∗ Non-dimensional pressure = ph2

2/(μUL)
R1, Rm, R2 Bearing inner, middle and outer radius
Rpmax Radius of the maximum pressure
R∗

pmax Non-dimensional radius of the maximum pressure = (Rpmax − R1/B)
U Linear velocity of the thrust collar = 2πNR, Um = 2πNRm

v Velocity vector
W Load carrying capacity of a thrust bearing
W ∗ Non-dimensional load carrying capacity = Wh2

2/
(
nμUmL2B

)
α, β Pad angle, groove angle
δ Step height = h1–h2

δ∗ Non-dimensional step height = δ/h2

μ Fluid dynamic viscosity
ρ Fluid density

Table 1. The optimum design of a straight step bearing in
the literature.

Authors B/L Optimum design parameters W*
Rayleigh ∞ δ∗ = 0.87, L1/L2 = 2.549 0.206
Archibald 1 δ∗ = 0.70, L1/L2 = 1.222 0.0725

Rohde

0.5 δ∗ = 0.68, L1/L2 = 1.041 0.027
1 δ∗ = 0.69, L1/L2 = 1.222 0.0726
2 δ∗ = 0.74, L1/L2 = 1.778 0.127
4 δ∗ = 0.81, L1/L2 = 2.226 0.165

squeeze-film dampers. Vakilian et al. [2] studied inertia
effect on thermohydrodynamic characteristics of Rayleigh
step bearings by CFD method. Lo et al. [16] used CFD
code to analyze the effects of the rolling speed, oil vis-
cosity, and supplying oil concentration on the pressure
distributions of oil and water phases. Zhang et al. [17],
Brajdic-Mitidieri et al. [18] and Papadopoulos et al. [19]
optimized the geometry of inclined thrust bearings, pock-
eted pad bearings and textured micro-thrust bearings us-
ing CFD techniques respectively. CFD widens the range
of solvable lubrication problems and makes design process
more convenient.

The present work investigates the step thrust bear-
ings with sector pads and straight radial grooves under
hydrodynamic lubrication by water. Three-dimensional
CFD models with different bearing dimensions, film thick-
nesses, step heights and positions were computed to study
the effects of them on load carrying capacities, friction
torques and friction coefficients.

2 Step thrust bearing model

Figure 1b shows the three-dimensional flow model of
a sector pad and its groove. The thrust bearing is sub-
mersed in water. The hydrodynamic action generates dy-
namic pressure in water, primarily in the convergent part
of the thrust pad, to counteract the load thereby sep-
arating the ring surface from the bearing surface with
a thin lubricant film. Geometry parameters – inner ra-
dius R1, outer radius R2, number of pads n, pad ratio k,
step height δ and step position L1/L2 – all influence the
load carrying capacity of step thrust bearings. Accord-
ing to the design of oil-lubricated thrust bearings [20], R2

is usually 1.5−3 times of R1. The number of pads n is
generally 6 to 12. The pad ratio k, the percentage of pad
area in the whole thrust surface, is typically 0.7−0.85. Pad
width-to-length ratio B/L is a pad parameter determined
by R1/R2, n and k, and the relation is

B

L
=

n

πk

R2/R1 − 1
R2R1 + 1

(1)

It has an effect on the optimum value of the step height δ
and step position L1/L2.

Rotational speed N , fluid viscosity μ and the min-
imum film thickness h2 determine the bearing carrying
performance as well. Rotational speed and fluid viscosity
are determined by work conditions. The minimum film
thickness should not be less than a safety value depending
on surface roughness and system vibration, or the lubri-
cation mode might change from full dynamic lubrication
to boundary or mixed lubrication.
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Fig. 1. (a) Three-dimensional flow model of a rectangular pad (not to scale) which is studied in the literature. (b) Three-
dimensional flow model of a sector pad and its groove (not to scale). (c) Geometry parameters of model in (b). (Stationary wall
is the thrust pad and moving wall is the thrust ring.)

3 Numerical analysis

3.1 Governing equations

The flow is considered laminar isothermal, steady and
incompressible, with zero gravitational and other external
body forces. The bearing is fully submerged into water.
To solve such flow, the following governing equations must
be solved:

Mass conservation equation

∇ · v = 0 (2)

Momentum conservation equations

ρ (v · ∇)v = −∇p + μ · ∇2v (3)

When flow enters the groove, pressure might fall below
the saturation water vapor pressure, and the liquid would
rupture and cavitation occurs. Thus cavitation is taken
into account. In the present work the CFD code AN-
SYS FLUENT is used. There are three available cavita-
tion models in ANSYS FLUENT: Singhal et al. model,
Zwart-Gerber-Belamri model and Schnerr and Sauer
model. The Singhal et al. model is numerically less sta-
ble and more difficult to use. The Zwart-Gerber-Belamri
and the Schnerr and Sauer models are robust and con-
verge quickly [21]. In this case CFD models with the latter
two cavitation models are calculated when studying the
mesh refinement. Table 6 shows that the Zwart-Gerber-
Belamri model is less sensitive to mesh density. Thus the
Zwart-Gerber-Belamri model is employed.

In cavitation, the liquid-vapor mass transfer (evapora-
tion and condensation) is governed by the vapor transport
equation [21]:

∂

∂t
(αvρv) + ∇ · (αvρvv) = Rg − Rc (4)

where Rg and Rc account for the mass transfer source
terms connected to the growth and collapse of the va-
por bubbles, αv is vapor volume fraction and ρv is vapor

density. In Zwart-Gerber-Belamri model, Rg and Rc are
defined as follows [22]:

If p � pv Rg = Fevap
3αnuc (1 − αv) ρv

Rb

√
2
3

pv − p

ρl

If p � pv Rc = Fcond
3αvρv

Rb

√
2
3

p − pv

ρl
(5)

where Fevap = evaporation coefficient = 50, Fcond =
condensation coefficient = 0.01, Rb = bubble radius =
10−6 m, αnuc = nucleation site volume fraction = 5 ×
10−4, ρl = liquid density, pv = pressure of vapor.

Supposed that there’s no installation error and the
load of a thrust bearing is distributed uniformly over all
pads, the load and friction torque of a thrust bearing can
be calculated by integrating the pressure and shear stress
over the rotating wall as follows:

W = n

R2∫
R1

α+β∫
0

prdθdr, Mfr = n

R2∫
R1

α+β∫
0

τr2dθdr (6)

The friction coefficient is

f =
Mfr

WRm
(7)

To compare with results in the literature, non-
dimensional pressure, non-dimensional load carrying ca-
pacity and non-dimensional friction torque are defined as

p∗ =
ph2

2

μUL
, W ∗ =

Wh2
2

nμUmL2B
, M∗

fr =
Mfrh2

nμUmLBRm
(8)

3.2 Boundary conditions

The boundary condition is set as shown in Figure 1b.
Rotational periodic boundary condition is used to sim-
plify the flow model and to reduce the computational
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Table 2. Water properties at 20 ◦C.

Saturation water vapor pressure 2340 Pa
Saturation density of water 998.2 kg.m−3

Saturation density of water vapor 0.5542 kg.m−3

Dynamic viscosity of water 10−3 Pa.s
Dynamic viscosity of water vapor 1.34 × 10−5 Pa.s

cost. The operating pressure is set to 101 325 Pa. Since
the bearing is fully submerged, the pressure at the inlet
and outlet boundaries is taken as zero (gauge pressure).
A no-slip condition is imposed on the solid walls. The
bottom wall is stationary and the upper one is assumed
to be rotating at a constant rotational speed N .

3.3 CFD models

In the present study, water properties at 20 ◦C listed
in Table 2 are employed. In all cases, the groove depth
hg = 2 mm and pad ratio k = 0.75. For the purpose of
finding relations between B/L, δ and L1/L2, the inner
radius R1 is set to 30 mm, number of pads n is 12, rota-
tional speed N is 3000 r.min−1 and R2, δ∗, L1/L2 vary
as shown in Table 3. The non-dimensional step height δ∗
and the step position L1/L2 vary to seek out the opti-
mum ones. The outer radius R2 changes to find the effect
of B/L on the non-dimensional load W ∗, the optimum δ∗
and the optimum L1/L2. Then models with different sizes
and rotational speeds are analyzed to get design refer-
ence for bearing dimensions. Inner radius R1 ranges from
5 mm to 40 mm and outer radius R2 is 1.5 times, twice
and 3 times R1, respectively. The number of pads varies
as shown in Table 4. Pad width-to-length ratio B/L can
be calculated from equation (1). The step height δ and
the step position L1/L2 are the optimum values gained
from the study above. The minimum film thicknesses in-
crease as the bearings get larger to ensure that the bear-
ings operate under hydrodynamic lubrication. The values
are shown in Table 5. The rotational speeds range from
100 r.min−1 to 5000 r.min−1.

Due to the existence of the thin film in hydrodynamic
bearings, the dominating feature for bearing CFD models
is the large aspect ratio of the grid which is 330 ∼ 4500 in
this study. However, the suggested value of aspect ratio
is less than 100 or 200 for normal analysis. Thus double
precision calculations are employed to avoid the negative
influence of the large aspect ratio according to ANSYS
FLUENT user manual [21]. The CFD models are meshed
using hexahedron grids in Gambit 2.3. In order to obtain
accurate solutions, a mesh refinement study is carried out.
Since the groove area contributes little to the load carry-
ing capacity, the groove length Lg is divided into 15 cells
and the groove height hg is divided into 20 cells for all
cases. An expansion ratio of 1.4 is employed in hg to avoid
sudden change of mesh density near the thin film thick-
ness. A uniform mesh is employed in other edges of the
model. The influence of the mesh density of h2, δ, L1,
L2, B on load for the bearing model with R1 = 30 mm,

R2 = 45 mm, n = 12, h2 = 10 μm, δ = 7 μm, L1/L2 = 1,
N = 3000 r.min−1 is studied and the results are summa-
rized in Table 6. When the Zwart-Gerber-Belamri model
is used, the relative difference in load between case 6 and
case 9 is only 0.2%. Based on this, case 6 is employed
in this study. Appropriate mesh sizes are also found for
other sizes of bearing models.

4 Results and discussion

4.1 Pressure distribution

Figures 2a–2d present the gauge pressure distribu-
tion on the pad surface (the stationary wall) for pads
with δ∗ = 0.7, L1/L2 = 1.25, B/L = 1.02 and pres-
sure distribution on the ring surface (the rotating wall)
for pads with different B/L values. Pressure distribution
for pads with B/L = 4.00 is presented here for compar-
ison. Figures 2a−2b show that the maximum pressure
of the whole film is located at the step of the pad. Fig-
ures 2b−2d illustrate that as B/L increases, the pressure
center moves towards the outer radius, where the fluid
velocity is much larger than that at the middle radius.
Non-dimensional radii of the maximum pressure R∗

pmax
,

for pads with B/L = 1.02, 1.70, 4.00 are 0.537, 0.62
and 0.78 respectively. Figure 3 presents the distribution
of p∗ at Rpmax in Figures 2a–2d. Comparing the three
solid lines, it is found that the maximum p∗ on the rotat-
ing wall rises from 0.244 to 0.305 as B/L increases from
1.02 to 1.70, but only increases by 0.007 as B/L increases
from 1.70 to 4.00. It indicates that as the pressure cen-
ter moves outwards, the pressure buildup is still affected
by side leakage for pads with large B/L values. The line
“B/L = 1.02 sw” shows that at the step (θ = 20◦) and at
the entrance to the thin film from the groove (θ = 7.5◦)
pressure on the stationary wall has a sudden increase,
which is known as the “ram effect” [23]. When the fluid
flows into the groove (θ = 0◦, θ = 30◦), pressure on the
stationary wall drops rapidly, which might cause cavi-
tation if it is less than 2 340 Pa, i.e. gauge pressure –
98 985 Pa. The vapor fraction distribution of the model in
Figure 2a is shown in Figure 4. As the fluid velocity near
the outer radius is larger than that near the inner radius,
the pressure drop is more significant and cavitation oc-
curs more easily. From the CFD analyses, it is found that
the cavitation zone will get larger when the minimum film
thickness decreases or the fluid velocity increases.

4.2 Effect of step height

Figure 5 presents the non-dimensional load carrying
capacity W ∗ versus the non-dimensional pad height δ∗
for a range of h2 from 5 μm to 10 μm with B/L = 1.02
and L1/L2 = 1.25. Results illustrate that although the
optimum step height is different for different minimum
film thicknesses, the optimum ratio of them, the non-
dimensional pad height δ∗, is always around 0.67, similar
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Table 3. Values of variable parameters.

R2 (mm) B/L δ∗ L1/L2

35,40,45,50,55,60,65,70, 0.39,0.73,1.02,1.27,1.50,1.70,1.88, 0.3–1.2 0.75,1,1.25,1.5,1.75,2,
80,90,100,125,175,25 2.04,2.31,2.55,2.74,3.12,3.60,4.00 2.25,2.5, 2.75, 3

Table 4. Number of pads for different bearing dimensions.

�������R2/R1

R1
5 7.5 10 12.5 15 17.5 20 22.5 25 27.5 30 32.5 35 37.5 40

1.5 6 8 10 12
2 6 8 10 12
3 6 8 10 12

Table 5. The minimum film thicknesses.

R1 (mm) 5 10 15 20 25 30 35 40
h2 (μm) 10 12 14 16 18 20 22 24

Table 6. Mesh refinement study.

Case
Number of cells

Number of hexahedral elements
W (N)

h2(δ) L1(L2) B Schnerr and Sauer model Zwart-Gerber-Belamri model
1 6 23 45 40 230 102.71 107.64
2 8 23 45 49 140 101.82 108.9
3 10 23 45 58 050 99.85 108.23
4 12 23 45 66 960 97.92 108.7
5 10 30 45 67 500 101.73 109.76
6 10 30 50 75 000 104.3 110.27
7 10 4 5 90 000 106.34 110.27
8 10 50 60 126 000 107.71 110.28
9 10 100 100 360 000 109.9 110.52

Maximum variation of W (%) 10.9 2.6

Fig. 2. Pressure distribution (a) on the stationary wall for pads with B/L = 1.02, and pressure distribution on the rotating
wall for pads with (b) B/L = 1.02, (c) B/L = 1.70, (d) B/L = 4.00, and δ∗ = 0.7, L1/L2 = 1.25, h2 = 10 μm.
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Fig. 3. Non-dimensional pressure distribution at the radius
of the maximum pressure in Figures 2a–2d (“sw” refers to the
stationary wall and “rw” refers to the rotating wall).

Fig. 4. Vapor fraction distribution of the model in Figure 2a.

to the solutions of Archibald and Rohde. Figure 6 com-
pares the optimum non-dimensional step height δ∗ for
pads with different B/L values. It can be seen that the
optimum δ∗ is 0.67 for B/L = 0.73, 0.68 for B/L = 1.27,
0.69 for B/L = 2.31, 3.12 and 4.00. That means that B/L
has a little effect on the optimum δ∗, which is different
from Rohde’s results (see Tab. 1). This is because in a ro-
tating sector water film, side leakage is still prominent for
large values of B/L due to centrifugal force [24]. Table 7
compares the side water mass flow rate (at the inlet and
outlet boundaries) of a sector flow model and a rectangu-
lar flow model which has the same B, Lg, L1, L2 as that
of the sector model for different B/L values. The side wa-
ter mass flow rate of a sector film is almost 10-fold that of
a rectangular film. Centrifugal force in a rotating sector
water film increases the side mass flow rate and dimin-
ishes the effect of B/L on the optimum δ∗. The trends in
Figures 5 and 6 also show that any change of δ∗ results
in the decrease of W ∗, which is over 8 percent when δ∗

Fig. 5. Non-dimensional load carrying capacity W ∗, versus
non-dimensional pad height, δ∗, for different film thicknesses,
h2 and B/L = 1, L1/L2 = 1.25.

Table 7. Side mass flow rate of a sector flow model compared
with that of a rectangular flow model for pads with different
B/L values (Unit: kg.s−1).

B/L Sector model Rectangular model
0.73 0.00064 0.00006
1.27 0.0017 0.00017
2.31 0.0066 0.00064
3.12 0.016 0.0012
4 0.04 0.0023

is less than 0.4 or more than 1.1, but less than 1 percent
when δ∗ is between 0.6 and 0.8.

Figures 7a–7f present the influence of non-dimensional
pad height δ∗ on non-dimensional friction torque M∗

fr and
friction coefficient f for pads with B/L = 0.39, 1.02 and
3.12 respectively. As the step height increases, M∗

fr de-
creases monotonically, and f first decreases and then in-
creases with a minimum at δ∗ = 0.8. The results follow
the same trend for different B/L values. Figures 7b, 7d, 7f
also show that f decreases by almost 25% from δ∗ = 0.3 to
δ∗ = 0.8, but it varies slightly when δ∗ is in the range [0.6,
1.0]. Thus considering synthetically the load carrying ca-
pacity and friction performance, the step height can be
designed as follows:

δ = (0.6 ∼ 0.8)h2 (9)

4.3 Effect of step position

Figure 8 presents the dependence of non-dimensional
load carrying capacity on step position, i.e. L1/L2, for
pads with different widths and δ∗ = 0.7. Similar to the
relation of W ∗ with δ∗, there is an optimum L1/L2 maxi-
mizing W ∗. It can be seen that the values of the optimum
L1/L2 vary with B/L. Figure 9 illustrates that the op-
timum L1/L2 resembles a sigmoid curve with the pad
width-to-length ratio B/L. It is about 1.1 for small width
pads (B/L < 1) and 1.85 for large width pads (B/L > 3).
For a range of B/L [1, 2] which is commonly used in
design, the optimum L1/L2 increases rapidly from 1.2
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Fig. 6. Non-dimensional load carrying capacity, W ∗, versus
non-dimensional pad height, δ∗, for pads with different B/L
values, and L1/L2 = 1.25, h2 = 10 μm.

to 1.75. For large width pads, the optimum L1/L2 is
smaller than Rohde’s solution (see Tab. 1), which can
also be explained by the centrifugal effect in the rotating
sector film.

Figures 10a–10b present non-dimensional friction
torque M∗

fr and friction coefficient f versus L1/L2 with
B/L = 1.02 respectively. Compared with Figure 7, the
curves have the same trend. Nevertheless, the step posi-
tion has a larger effect on friction torque, which decreases
by about 14% with L1/L2 increasing from 0.75 to 3, as
shown in Figure 10a. The friction coefficient gets the min-
imum value at L1/L2 = 1.75–2, about 0.55−0.8 larger
than the value of L1/L2 at the maximum load, but f
changes very small from L1/L2 at the maximum load to
L1/L2 at the minimum friction torque. The same rule is

found when B/L is equal to other values. So the non-
dimensional load carrying capacity can be taken as the
principle objective function and L1/L2 can be designed
according to Figure 9.

4.4 Selection of bearing diameters

Figures 11–13 show a design reference obtained by cal-
culating numerical models with different dimensions and
rotational speeds. The number on the curve is the load
carrying capacity. The outer diameter is 1.5 times, twice
and 3 times the inner diameter, respectively. When the
load and rotational speed are defined, the bearing inner
diameter can be selected from the graphs. For example, as
shown in Figures 11–13 (the dash-dotted line), when the
rotational speed is 3500 r.min−1 and 200 N is required for
the load carrying capacity, the inner diameter should be
over 72.5 mm when D2 = 1.5D1, 40 mm when D2 = 2D1

or 22 mm when D2 = 3D1. Designers could determine the
bearing diameters according to the mounting dimensions.
Figures 11–13 can also be used to check if a specified
bearing can meet the load requirements. This is a rough
design of bearing diameters. Designers should check the
minimum film thickness for further determination.

4.5 Effect of pad width-to-length ratio and check
computation of the minimum film thickness

Figures 14a–14c present the obtained non-dimensional
load carrying capacity W ∗, non-dimensional friction
torque M∗

fr and friction coefficient f , versus pad width-
to-length ratio B/L for δ∗ = 0.7 and L1/L2 = 1.25, re-
spectively. As B/L increases from 0.39 to 4, W ∗ grows
more than 10-fold, from 0.018 to 0.214, while M∗

fr only in-
creases by 70%. The friction coefficient sharply decreases
from 0.037 to 0.008 when B/L increases from 0.39 to 1,
and then gradual decreases to 0.001. The slope of the load
curve is 0.1 for small values of B/L (<1), while reduces to
0.034 for large values of B/L(>2.5). This is because for
small B/Lvalues, the pressure buildup is more affected
by side leakage. W ∗ for B/L = 0.5, 1, 2, 4 is larger than
that obtained by Rohde, and W ∗ for B/L = 4 is even
larger than Rayleigh’s solution for infinite width sliders,
W ∗ = 0.206. It indicates that sector pads provide greater
load carrying capacity than rectangular ones. This can
be explained by the pressure distributions for pads with
different widths, which is presented in Figure 2. As B/L
increases, pressure center in a sector pad moves towards
the outside radius, where the fluid velocity is much larger
than that at the middle radius. Thus larger pressure and
greater load are gained in a sector pad than those in a
rectangular pad.

The minimum film thickness h2 can be calculated
from W ∗. As illustrated in Figure 14a, B/L is the main
influence factor on the non-dimensional load carrying ca-
pacity W ∗ for a constant non-dimensional step height δ∗
and step position L1/L2. This means for a certain B/L
value, W ∗ is definite. Then the minimum film thickness
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Fig. 7. Non-dimensional friction torque, M∗
fr, and friction coefficient, f , versus non-dimensional pad height, δ∗, for pads with

B/L = 0.39, 1.02 and 3.12, L1/L2 = 1.25 and h2 = 10 μm.

Fig. 8. Non-dimensional load carrying capacity, W ∗, versus step position, L1/L2, for pads with different B/L values, and
δ∗ = 0.7.

Fig. 9. Optimum L1/L2 versus pad width-to-length
ratio B/L.

h2, an important criterion of lubrication mode, can be
calculated from equation (10):

h2 =

√
W ∗nμUL2B

W
(10)

In order to ensure that the bearings operate under hydro-
dynamic lubrication the surface roughness values of the
thrust pad and the thrust ring should satisfy the following
formula [25]: √

R2
q, p + R2

q, r � h2

5
(11)

where Rq, p = rms (root mean square) surface roughness
of the pad surface, Rq, r = rms surface roughness of the
ring surface.
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Fig. 10. (a) Non-dimensional friction torque, M∗
fr, and (b)

friction coefficient, f , versus L1/L2, and δ∗ = 0.7, B/L = 1.02.

Fig. 11. Load carrying capacity map of a hydrodynamic
water-lubricated thrust bearing with different dimensions and
rotational speeds (D2 = 1.5D1) (Unit: N).

If the surface roughness values could not meet the de-
sign requirements, the bearing parameters should be cor-
rected according to equation (10) and equation (11).

5 Conclusions

In this research, the hydrodynamic lubrication model
of the water-lubricated step thrust bearing with sector
pads and straight radial grooves has been fully stud-
ied using CFD method. Zwart-Gerber-Belamri model is
used to simulate cavitation in the bearings. The effects
of step height, step position and pad width-to-length ra-
tio on lubrication properties are discussed. A reference to

Fig. 12. Load carrying capacity map of a hydrodynamic
water-lubricated thrust bearing with different dimensions and
rotational speeds (D2 = 2D1) (Unit: N).

Fig. 13. Load carrying capacity map of a hydrodynamic
water-lubricated thrust bearing with different dimensions and
rotational speeds (D2 = 3D1) (Unit: N).

determine the bearing dimensions and a formula to check
the minimum water film thickness are proposed. The main
conclusions are drawn as follows:

1. The optimum non-dimensional step height, δ∗ for the
maximum load bearing capacity is about 0.68, and
the optimum δ∗ for the minimum friction torque is
about 0.8. Considering synthetically the load carry-
ing capacity and friction performance, the step height
can be designed as 0.6 ∼ 0.8 times the minimum film
thickness.

2. The optimum step position, L1/L2 resembles a sig-
moid curve with the pad width-to-length ratio B/L.
It increases rapidly from 1.2 to 1.75 when B/L rises
from 1 to 2 and remains 1.1 for small width pads
(B/L < 1) and 1.85 for large width pads (B/L > 3).

3. Due to the centrifugal effect in sector pads, the opti-
mum δ∗ and L1/L2 for pads with large width-to-length
ratios are smaller than solutions of rectangular pads
in the literature.

4. Initial bearing diameters can be selected from this
paper.
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Fig. 14. Non-dimensional load carrying capacity, W ∗, (b)
non-dimensional friction torque, M∗

fr, and (c) friction coeffi-
cient, f , versus pad width-to-length ratio B/L, and δ∗ = 0.7,
L1/L2 = 1.25.

5. The minimum film thickness should be checked in or-
der to ensure that the bearings operate under hydro-
dynamic lubrication.
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