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Abstract. The presented paper investigates the efficiency of chain drive transmissions in track cycling, where
performance optimization is critical as a win or loss between athletes is often decided in a matter of 1/100
seconds. A 2D quasi-static model (Chain Drive Efficiency Model, CDEM) was previously developed. It includes
first a simulation of the global kinematics and then uses the roller movement along tooth profiles as well as the
relative movement of chains part to calculate the efficiency. A dedicated experimental test rig was also designed
to reproduce the chain transmission track cycling conditions. The test rig features two instrumented shafts with
torque transducers, enabling efficiency measurements under distinct loading conditions representative of
endurance and sprint races. Results from both the model and test rig confirm the significant influence of chain
tension and sprocket tooth number on efficiency, while misalignment showed negligible effects. Lubrication tests
revealed that solid wax-based lubricants provide notable performance improvements. At the contact scale, the
study compared industrial tooth profiles to newly proposed cycling-specific profiles. The CDEM predictions,
consistent with experimental data, identified meshing losses as the primary source of dissipation, while roller-
related losses were negligible. These findings provide insights for optimizing track cycling chain transmissions

and highlight the potential of localized improvements, including lubricant choice and tooth profile design.
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AY Vertical distance between the
axes of the driving and driven
sprockets [m]

n Chain drive efficiency [—]
Angle between the preceding
link and local x axis [rad|

Friction coefficient at interface

K
\/ R2 — (1.24D,1r — &)?
v Angle between the following
link and local x axis [rad]

1) Roller contact angle [rad]

P

Alignment deviation of the rear
cog with respect to the chainr-

ing [m|

S Curvilinear abscissa of roller
[m]

0 Angle for the profile definition
[rad]

¢ Driving sprocket rotation angle
[rad]

Subscripts

A, B Relative to kinematic cases A and B (used in

CDEM)

1 Link index

1 For the driving sprocket/chainring

17 For the driven sprocket/rear cog

br Relative to Bush/Roller chain interface

bush ~ Relative to bush

curve Relative to curvature

pb Relative to Pin/Bush chain interface

pin Relative to pin

profile Relative to the chosen tooth profile
ptich  Relative to sprocket pitch

ref Relative to reference transmission
roller  Relative to roller

rp Relative to Roller/Profile interface
s Attribute of the slack chain strand
t Attribute of the tight chain strand
tb Relative to tooth bottom

tip Relative to tooth tip

tp Attribute of the roller location transition points
Superscripts

k Drive sub-position for efficiency calculation.

1 Introduction

The chain drive transmission conveys the power between
the cyclist and the real wheel. Track cycling bicycles use
drive with no derailleur, no freewheel and fixed gear ratio
(single speed). The variety of races (sprint to endurance)
induces the transmission working conditions to range up to
130rpm and 300N m. Final time differences between
athletes are usually very close (1/100 seconds for the men’s

sprint in Tokyo 2021 Olympic games). These reduced gaps
justify the interest of chain drive power loss optimization as
little improvements can decide the race winner hence
justifying the need for accurate efficiency prediction.
Binder [1] proposed a model for industrial chain
transmissions that considered the dependency between
the rotation of the driving and driven sprockets using a
four-bar mechanism. Thus, the strand tip positions move
along the pitch circles, making it possible to model the
polygonal effect and losses due to link meshing. He
proposed expressions for power loss and introduced a
distinction between pin and bush articulations each
producing different power losses. In the 1980s, Naji and
Marshek produced numerous studies aimed at improving
the first approach introduced by Binder. They presented
measurements of link tensions performed using an
instrumented link [2,3]. Using weights to prescribe strand
tension, several tension ratios T,/ T; were tested. Due to the
constraints of the experimental apparatus, measurements
were carried out at quasi-static speed. It was shown that,
for the loads explored (up to 850N), the evolution of
relative tension does not depend on the magnitude of
absolute tension. Driving and driven sprockets were
studied and differences in load evolutions were reported.
Kidd studied the efficiency of chain drives applied to
road bicycles [4]. Experimental measurements were carried
out to assess the effect of various parameters (lubricant,
input power, sprocket size, etc.). It was shown that the
derailleur system is responsible for a large share of the
power losses for a road bike drive. The results show
efficiencies between 95 and 98.5% for drives with a
derailleur while 99% is reached for simple two-sprocket
drives without a derailleur. The results showed that drive
efficiency (with and without a derailleur) rises with
increasing input power. As the measurements were carried
out at constant speed, higher input powers were achieved
by increasing the transmitted torques. This increase in
drive efficiency was attributed to a decrease of the
proportional contribution of slack strand meshing losses.
Indeed, increasing the applied torque mostly increases the
tight strand tension while maintaining the slack one
constant. Therefore, the relative contribution of the slack
strand decreases as the input power increases, resulting in
higher efficiency. This effect is particularly visible in the
presence of a derailleur system. Indeed, this system applies
significant tension in the slack strand and adds articulation
points at both idler sprockets. A linear relation between
reciprocal tight strand tension and chain drive efficiency
was proposed on the basis of the results presented. Smaller
reciprocal tensions, associated with higher torques, tight
strand tensions, and power, resulted in higher drive
efficiencies. The effect of the number of sprocket teeth
was also tested and the results showed higher efficiency for
drives with larger sprockets. At the same time, Spicer et al.
[5] also studied bicycle chain drives. Experimental
measurements were carried out using a test rig dedicated
to road bike drives. The results confirmed the linear
relation between reciprocal tight strand tension and drive
efficiency. However, the efficiencies measured by Spicer
et al. [5] were significantly lower than those of Kidd [4].
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Efficiencies fell to about 85% whereas Kidd reported
efficiencies systematically above 90%. The interest of
bigger sprockets was also reported experimentally.

Allthe experimental studies presented by Kidd [4], Spicer
et al. [5], Lodge & Burgess [6], Zhang & Tak [7] and Sgamma
et al. [8] were based on test rigs reproducing the architecture
of a usual chain drive. These test rigs had two shafts, for the
driving and driven sprockets. These shafts were instru-
mented to measure torque and rotational speed and
ultimately calculate drive efficiency. The advantage of this
approach is its similarity to the real application. Measure-
ments can be carried out for instance at fixed torque and /or
rotational speed, for various sprockets, etc. The potential
addition of a derailleur system is also facilitated by the
architecture. However, the main drawback of this approach
lies in the measurement uncertainties. Indeed, chain drives
are very efficient mechanisms (about 98% for two sprocket
drives [6]). Therefore, any test rig must have high accuracy to
measure potential variations between drive configurations.
Moreover, chain drives can transmit considerable powers (up
t0 1600 W for track cycling). Therefore, expensive sensors are
usually required to match the required accuracy. To get
round this challenge, alterative test rigs have been proposed.

Egorov et al. [9] proposed to measure the deceleration of
the drive. Providing that the inertias of both shafts are well
known beforehand, the deceleration time allows measuring
drive efficiency with high precision. The disadvantage of
this architecture is that the efficiency obtained represents
an average over the entire deceleration. Therefore, it does
not allow assessing the efficiency for fixed conditions (e.g.,
fixed torque or rotational speed). Wragge-Morley et al. [10]
proposed to build a pendulum with a chain drive.
Measuring the oscillation decay characterizes the dissipa-
tions occurring in the drive. This architecture reduces
uncertainties [10] as time decay can be measured more
easily and with better accuracy compared to torque.
However, as with the inertia-based measurement [9], such a
test rig does not enable easily testing drive efficiency in
fixed conditions. Moreover, any change of the sprocket
tested might be difficult.

More recently, Lanaspeze et al. [11,12] have developed a
quasi-static model for calculating the efficiency of chain
transmission of track cycles. This model includes the
calculation of the general kinematics of the chain as well as
the movement of the roller along the tooth profile. It is
therefore able to include this movement in the efficiency
predictions. Comparison with the Lodge and Burgess
model [6] and experimental results on an industrial drive
have shown the value of this new model for accurate
efficiency predictions, particularly at low torques.

The aim of this article is to identify and study the
influence of the track cycling chain transmission key
parameters on its efficiency. To this end, two ways are
chosen. A dedicated test rig is built to reproduce a cycling
transmission on a track (chainring, rear sprocket and
chains. Its results will be compared to the 2D quasi-static
model built for the study of the cycling transmission [12].
Together, they allow the study of both systems scaled
transmission and contact parameter influence on the
efficiency and to start the optimization of track cycling
transmissions.

2 Setup presentation
2.1 Model presentation, from [12]

The Chain Drive Efficiency Model (CDEM) was intro-
duced from [12]. It assumes that all bodies are rigid, that
due to the lightweight chains, no inertia effects intervene
and that the main mechanics can be modelled in a planar
model. The global kinematics is considered independent
from the loads and only the global motions of the bodies are
modelled. The clearance between the roller and the tooth
profile is neglected. The tight strand is assumed to be
straight and the tension is the same for all the included
links. A chord model, which includes effect of gravity, is
used for the slack strand (based on [6,13]). From there, the
full transmission kinematics is solved by a step-by-step
algorithm ([11], Fig. 1 from [12]).

The angular sectors (assumed identical) are defined as a
piecewise curve where each portion is either a circle arc or a
straight line. From there, knowing the location of one roller
on its profile, the adjacent one can be calculated as the
concurrent point between the roller trajectory and the chain
pitch distance from the previous roller. Depending on the
position of each roller along its corresponding tooth profile,
the relative position of consecutive links is not the same.
These positions however permit the calculation of the
loading condition of each link. The effect of gravity is
neglected with respect to the other forces. Therefore, a chain
articulation with its roller in contact with a sprocket is
subjected to three external forces ( T}, the tension force in the
preceding link, T}, 1, the tension force in the following link
andP;, the total contact force between the roller of
articulation ¢and its corresponding tooth profile). The three
forces are concurrent at the roller centre; therefore, the
torque equilibrium is always verified. The moment induced
by the tangential friction force is neglected. The equilibrium
equation can therefore be written in the following form:

sin(¢; + 9)
Tiy =Ti— P 70
LT sin(gy + 6+ ) .
sin(aZ‘) (1)
P,=T

isin(qﬁi + 8+ a}‘)

With ¢; : Roller i (roller/link index) contact angle; §:
Correction factor of the angle ¢, for effect of friction, based on
|Ls representing the static friction coefficient at the roller/
tooth interface [14]; a: angle between two consecutive links.

Finally, the ratio between the tight (T}) and slack (TY)
strand tensions is expressed in equation (2) considering the
consecutive equilibrium of all the articulations in contact
with the sprocket.

T, n sin(¢; +9) @)
T, i=1 Sin((bi + 5+ Olj)
With n : number of links.

The efficiency is calculated for each chain drive
articulation (i.e., set of pin, bush and roller, Fig. 2). From
the angles defined in the companion article, the efficiency of
each articulation can be separated in two extreme cases A
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Loading conditions

Global kinematics .
(Part2.2)

(T s 1y)

(T, Py, Se 0 Kis Vi)

Local sprocket
sub-model (Part2.3)

Drive efficiency
(Part 3)

k=k+1

Fig. 1. Global CDEM algorithm, from [12]. With T j, e ¢ 2, nj, global variables, respectively slack tension, angle between a chain
strand and the closest link with both rollers contacting spocket j (with j= I, II for chainring and rear cog) and contact number of rollers
T;, P;, Sc,i, Ki, ¥; local variables, respectively link tension, roller contact force, curvilinear abscissa of roller, angle between the
direction of the preceding link and the local x axis and the angle between the direction of the following link and the local x axis et k drive

sub-position for efficiency calculation.

Chain
articulation

Y
Y

HFI
i

I

Inner link - (bush link)

7

Pin

\
Outer link - (pin link)

Fig. 2. Nomenclature of a modern roller chain, from [12].

and B (respectively no sliding and pure sliding) for which
the tangential load can be calculated according to Coulomb
law. Those calculations lead to the expressions Table 1 for
the dissipated work at each interface between two sub-
positions (k and k+ 1) of the model.

From those results, the efficiency of the drive can be
calculated. The dissipated works depend on the kinematic
case considered (case A or B). Therefore, two efficiency values
n 4 and n gare obtained, one for each kinematic case. The chain
drive model introduced in this paper is quasi static. Therefore,
its results are independent of the drive rotational speed.

2.2 Track cycling test bench description

A test rig dedicated to measurements of track cycling
drive efficiency was developed at the LaMCoS' laboratory
(see Fig. 3a). This test rig mimics a track cycling drive.

! Contact and Structural Mechanics laboratory (http://lamcos.
insa-lyon.fr/).

Two shafts, representing the chainring and rear cog axes
are instrumented with torque transducers measuring both
torque and rotational speed. No derailleur system is
present. Rotational speed is imposed on Shaft 1 while
resistive torque is imposed on Shaft 2 (see Fig. 3b). The
power is delivered and absorbed by two servo motors.
Bearings are mounted between the drive and torque
transducers. Consequently, comparing the power between
the two shafts gives a measure of the efficiency of the
tested drive plus the losses of the bearings and torque
transducers.

The experimental study includes transmissions
with different sprockets, chainrings or lubricants,
but also different settings: tension or chainline. The
tests are performed at constant speed and resistive
torque.

Every test session follows the protocol (Fig. 4):

— After warming up the test rig for 10min, the zero
deviation (offset) of the torquemeters is measured.
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Table 1. Work dissipated in each chain articulation interface between sub-position k and k+ 1, from [12].

Interface Pin articulation Bush articulation
Pin/bush T, %Rpmma;; ¥ A? Ryim|Ad;
1+ Mo A1+ Mo
_ —A — A
Plk) Hor Riyushl L. Avy| ng) Hor Riyushl — Ak
Case A 1+ /“LIQ;T leler 1+ MZT Rroller
Bush/roller
— A — A
Case B Pz(k) Hor Rbush| R 5k — Avk| Pl(k) Hor Rbush| R 5k - AKk|
14 Ml%r curve 1+ H‘I%r curve
Case A 0
Roller /profile
Case B ng) K As,

1+ w2,

With: o, angle between two consecutive links; «; angle between the preceding link and local x axis; v; angle between the following link
and local x axis; s;, curvilinear abscissa of roller; Ry, Ryiradius of bush and pin part of the link; gy, ., 5 friction coefficient at the
corresponding interface.

SHAFT 2 SHAFT 1

SERVO _MOTORS

Resistive | |
torque

Rotational]
speed

e - '\'CHT\INRT'NG
SPROCKET ~ \CHAIN

(b)

Fig. 3. Track cycling efficiency test rig (a) general view (b) diagram.

Time (minutes)
20]25]30] 35[40[45]50] 55 [60[65]75] 80 |85]00[95] 100]105[110[ 115]120]125[130]135] 140]145] 150[ 155 ] 160] 165 170] 175] 185

Configuration =

Fig. 4. Illustration of the test protocol.
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Table 2. Track cycling chain dimensions for validation purpose.

Pitch p (mm) Dpin(mm)

Dbush (mm)

Droller (mm) Myink (g)

12.7 3.6

5.10

7.75 3.6

Table 3. Tested loading conditions for comparison between experiments and model results.

Loading conditions (LC) Cy(N.m) Qq(rpm) Input power Py (W)
LC, 13 90 490
LCy 30 130 1634

i
Tight stran

Center distanc
setting

— The first configuration is mounted on the test rig. It then
runs for 15 min, with an acquisition at 5, 10, 15 min. The
offsets of the torquemeters are measured again at the end.

— ii, is repeated with the other configurations to be tested.

— Each configuration is tested several times to reduce
uncertainties.

Measurements of the offset F, show that it is linearly
dependent of the torquemeter temperature. Therefore, the
acquisitions are post-treated to correct the measured
torque of both shafts. It is linearly interpolated based on the
temperature and the offset before and after the test session.
T;D and T}(P for temperature, E(Y) and E® for offset of the
torquemeters on the acquisition measure, with the
temperature during the acquisition TZ()m) (see Eq. (3)).

E@ _ gl
— 1 m 1
EO—E2)+M.<T§7>—T§))). (3)
p p

2.3 Test case definition

All the configurations are compared with a reference one:
track chain, chainring and sprocket of width 1/8"
and a 1/2” pitch. These components are from well-known
manufacturers for high level track cycling. There are called
“Reference’ in the rest of this paper. When not indicated, the
chain lubricant is the manufacturer one, already present. No
special coating is applied on the chain and sprockets surfaces.

(®)

Fig. 5. Measurement of (a) tight strand deflection and (b) centre distance L.

All the comparisons are performed using track cycling
chains with their original lubricant. The characteristics of
the chains used are given in Table 2.

The influence of chain tension was tested for two
loading conditions (denoted LC; and LC,) described
in Table 3. The first condition (LCj;) shows reduced
output torque (on Shaft 2) compared to LC. LG,
also exhibits higher rotation speeds. These conditions
have been chosen to be representative of extreme
track cycling applications. LCy is representative of a
high intensity sprint while LC; mimics endurance
races.

3 Analyses at the system scale
3.1 Influence of the tension

The chain tension is set by moving the center distance
between the two shafts. On track bicycle as on the test rig,
it is done by moving the sprocket shaft horizontally.
A representation of the tension is obtained by measuring
the tight strand deflection. On the test rig, it is evaluated
using a weight of 1kg applied on the middle of the upper
strand. The obtained value is the tight strand deflection.
The tight strand deflection is the deflection compared to
the straight-line linking sprocket tangent (see Fig. 5a). The
resulting centre distance L is measured as shown in
Figure 5b.
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Table 4. Transmission parameters for the tension influence study.

71/ 7y L (mm) AY d |(o0)] Tension setting
(mm) — (°)
CDEM (mm) Test bench (mm) CDEM slack (%) Test bench (mm)
6015  [386.1,383.0]  [387.4-385.5] 50 5 [2,20] (equivalent to [3.8-39|mm) [5-30]

0000
000000
000000

ooOO

.

(a)

ORORY
0000000000999 Nt
OOQOOO 4

o
%o

%o
Slack strand tips ,‘,(‘DS?OOOOQ o
T PP0cod8a00000
(b)

Fig. 6. 60|15 drives (a) slack=2% (b) slack=20%. Both figures have the same scale.

LC, (490W)

12 \

AP =0.89W

x

[e%)
o D

Total losses (drive + bearings) (W)

NN N
(=)
T

EN

20 25 30

Tight strand deflection under 1kg (mm)

[ [min, max] | Standard deviation

Fig. 7. Total power losses measured by the test rig for tension settings.

To perform comparisons with these experimental
results, the CDEM is tested with the parameters given
in Table 4. The Reference tooth profile geometry is used for
all calculations. The values of L are chosen to obtain slack
strand looseness ranging from 2% (tightest setting) to 20%
(loosest setting). The range of explored tensions should be
wider with the model than with the test rig. Indeed,
slack= 2% roughly corresponds to a tight strand deflection
of 2/100 x 383 x 1/2=3.8mm and slack=20% should
correspond to about 39mm (range to be compared with
from 5 to 30mm with the test rig). However, this
comparison between the measured deflection and the
computed one can only be carried out for an order of
magnitude. Indeed, the chain drive model neglects roller/
profile clearance for global kinematics [12]. Therefore, its
centre distance predictions are underestimated as roller/

profile but also chain articulation clearances must be
overcome to reach the required tension (these clearances
are neglected in the model, see [12]). Therefore, the centre
distances L predicted by the model are systematically lower
than that applied on the test rig to obtain a similar tension
setting.

Figure 6 illustrates the two extreme tension settings
(i.e., tight strand deflections of 5 and 30 mm) using the
drive arrangements predicted by the CDEM. One can note
that the number of links in contact with the chainring
decreases as the slack strand became looser (strand tips are
shown in red).

The total losses measured by the test rig (losses from
the drive and from the bearings) are presented in Figure 7.
The tests were performed by sessions of 25 minutes with
efficiency measurements at 5, 15 and 25 min, according to
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LC

1
T T T T T T T
6.5 y
61
55k AP = 1.4W i
5 =
§4 . S e N — | +LC1.' mean
> ' : : ! [ILC,: [Py, P,
LC ——
% 2 —-LC_: mean
3 18 ! T ] 2
| ELCZ.'[PB, PA]
17 y
16 \ AP =237W .
\\\‘\
15+- I —— —o— L —
| | | 1 | | |
2 4 6 8 10 12 14 16 18 20
Slack (%)

Fig. 8. Influence of tension setting: CDEM predictions.

Table 5. Comparison of the AP asymptote predictions between test rig measurements and CDEM predictions for LC

and L.

Test rig experimental results Model predictions
LC, 0.89W 1.4W
LC, Non-significant 2.3TW

protocol defined in Figure 4. Each tension setting (i.e., tight
strand deflection value) was tested during 6 sessions (i.e.,
18 efficiency measurements). The minimal and maximal
values as well as the standard deviation are also
represented in Figure 7.

Tighter settings correspond to small tight strand
deflections (left of the graph) while looser settings are on
the right of the graph. For L, as expected, the total losses
decrease as the tension setting became looser. Starting from
15 mm of tight strand deflection, the losses seem to reach a
plateau where additional strand looseness does not result in
less dissipation. On the contrary, between 5 and 10 mm
deflection, the effect of the tension setting is more
significant. Between the tightest and the loosest settings,
the mean difference in power losses reaches AP=0.89 W.
For LC; however, no significant effect is visible. For LC,
the standard deviation reaches about 1.5 W. The conse-
quence of these efficiency values in terms of power
dissipated by the chain drive are represented in Figure 8.
Power loss differences between the tightest (slack =2%)
and the loosest (slack =20%) settings AP are given.

According to the CDEM predictions (Tab. 5), losses are
reduced for higher slack settings for both loading
conditions (LC; and L(,). Consistently with the experi-
mental measurements, the dissipated losses tend to an
asymptote for high slack settings. The strong reduction in
losses measured by the test rig between 5 and 10mm
deflection (see Fig. 7) is also visible between slack=2 and
~6% in the model predictions (see Fig. 8). A difference of

AP=1.4W is predicted by the model between the two
extreme tension settings (i.e., slack =2% and 20%). This
difference is consistent with the measurement of 0.89W by
the test rig. Moreover, the interval of tension setting
explored by the model is probably wider than that explored
with the test rig. This wider interval will tend to increase
the predicted AP, especially at low slack settings (high
tension) where small looseness variations cause high
efficiency differences. For LC5, due to the higher
transmitted power, the model predicts a difference of
dissipated power of 2.37W between the two extreme
settings. This difference was not observed in the test rig
results. However, the predictions of the CDEM are within
the order of magnitude of the measurement dispersions.
Therefore, the predicted relation between the tension
setting and drive losses is difficult to measure with the
sensors available.

Although the prediction of A Pis higher for LC; than for
L(,, its relative influence compared to the losses of the
drive is significantly lower. A Preaches 1.4 W compared to a
loss of about 5.5W for LC,. For LC5, the drive losses
represent about 16 W with AP =2.37 W for LC,. Therefore,
the influence of the slack setting decreases as torque
increases. For LC}, CDEM predictions and experimental
results agree on the asymptotical relation between tension
setting and losses. Differences of dissipated power between
the two extreme settings AP are also in accordance. The
model prediction is higher but this difference could be
explained by the difficulties of representing the same
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Table 6. Transmission parameters depending on tooth number.

Z1/Zn L (mm) AY (mm) |8 (c0) | (°)

CDEM (mm) Test bench (mm)

Tension setting Link Number

CDEM slack (%) Test bench (mm)

60|15 385.8 386
53|13 381.3 381

50 )

[11] (equivalent to 20mm) 20 100

94

(b)

Fig. 9. (a) 60|15 and (b) 53|13 drive, both with a looseness setting of slack=11%. Both figures have the same scale.

tension setting for both the test rig and the numerical
model. For LC5 no significant results were observed in the
test rig measurements. However, CDEM predictions show
that the effect should lie within the test rig uncertainties.
Indeed, the dispersion of the experimental results increases
with the power transmitted.

3.2 Tooth number

The second comparison between the CDEM prediction and
the test rig results is carried out considering efficiency
results for different numbers of teeth. Two configurations
with the same gear ratio Z;/Zpy=4 are considered: Zj
Z = 60|15 and 52|13 (see Tab. 6). Sprocket size differences
can be appreciated in Figure 9 showing drive arrangements
predicted by the CDEM. The comparison between the two
drives is carried out for the two loading conditions given in
Table 3. A chainring and a rear cog both corresponding to
the Reference tooth profile were used for all the tests. The
test rig centre distance L is chosen to obtain a tension
setting representative of a typical track cycling drive (tight
strand deflexion under 1 kg mass of ~#20 mm). The resulting
centre distances varied from 381 to 386 mm. It can be noted
that the tight strand deflection considered lies at the
plateau where differences in slack settings have minimal
consequences on efficiency (see Fig. 7). Chains of 100 and
94 links were used for the 60|15 and 52|13 drives,
respectively.

The total losses (drive + bearings) measured by the test
rig are presented in Figure 10a. The mean values are given
with the minimal and maximal measurements and the
standard deviation. As for the previous case, the results
were obtained by performing 25-minute tests of each
configuration with efficiency measurements at 5, 15 and 25

minutes. 3 and 4 sessions were performed for 52|13 and 60|
15 at LCY, respectively (corresponding to a total of 9 and 12
measurements, respectively). For LC,, 8 sessions were
performed for both configurations (24 measurements) in
order to reduce uncertainties.

For both loading conditions, the predicted efficiencies
are higher for the 60|15 drive. Moreover, efficiencies are also
higher for LCs (with more torque) than for LC) and the
interval [n 4, n 5| between efficiency calculated in case A and
B (part 2.1, Tab. 1) is reduced (see Fig. 10b). Consequent-
ly, in accordance with the test rig results, loss predictions
are higher for the 52|13 drive. Loss differences AP measured
by the test rig and calculated with the CDEM are given in
Table 7.

Test rig results and CDEM predictions agreed that the
60|15 drive is always more efficient than the 52|13.
Moreover, the orders of magnitude of the AP are similar
for the CDEM and the test rig. However, model predictions
in terms of A P are lower than test rig measurements. This is
particularly true for LC; where the prediction is about half
the measured value. For LC,, the model prediction is
within the test rig error bars (see Fig. 10.a).

It is possible that the slack settings used for the CDEM
were looser than the test rig ones. Indeed, as mentioned
above, tension settings are difficult to compare between the
CDEM and the test rig. This could explain the lower AP
predictions as increasing the slack strand tension (i.e.,
reducing the strand deflection) would automatically
increase the radial loss inside the bearings and therefore
the differences between 52|13 and 60|15 (see Fig. 7). As this
effect decreases with increasing torque [12] this could
explain why the CDEM predictions for AP are better for
L5 than for LC;. However, the slack setting tested should
lie at the plateau where this effect should not be very
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Table 7. Comparison of AP between experimental measurements and model predictions for different sprocket sizes.

Test rig experimental results

CDEM predictions

LC,
LC,

1.42W
2.86W

A=144

0.69W
2.33W

A =164

significant. It is also possible that the assumed friction
coefficients (0.11 for all interfaces) are too low and that
more dissipative contacts occur for the drive tested,
resulting in higher AP.

Nevertheless, test rig measurements and model pre-
dictions both agreed that bigger sprockets exhibit higher
efficiency. This result is consistent with the literature as it
has already been reported both experimentally [4,6,15] and
by models [5,6,15,16]. Moreover, the order of magnitudes
obtained for loss differences AP are consistent between test
rig measurements and model predictions, suggesting that
no important phenomenon has been neglected.

3.3 Alignment

For track cycling applications, the transmission is
supposed to be aligned, the line formed by the chainring
and the sprocket is called the chainline (see Fig. 11a). But
as the chainline depends on the thickness of several
components (frame, rear wheel, sprocket, crankset and
chainring), chain offset conditions can be encountered
because of different manufacturer standards (see Fig. 11Db).
The frame deformation can disturb the chainline,
essentially when the athlete is at full power (see
Fig. 11¢). Another misalignment source can be the setting
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Fig. 12. Alignment results, Relative losses (W) compared to a well aligned transmission (a).

of the rear wheel, that is moved along a slide joint to enable
chain tension setting. Because of the clearance of this slide,
the rear wheel axle can be misaligned (see Fig. 11d).

Configurations noted (a), (b) and (c) in Figure 11 have
been tested on the test rig. Configuration (d) has not been
tested because it would require big modification of the test
rig. It is assumed that the results would be similar to the
configuration (c). Values for the offset of the transmission
were estimated to p =4mm with the bike frame manufac-
turer. The deformation of the frame was measured at
Br=10.3° with a load corresponding to a top-level athlete at
full power. These misalignments were tested on the test rig
to understand if these issues can affect the transmission
efficiency. The results are plotted relatively to a well
aligned transmission on Figure 12. It can be seen that the
alignment has a negligible impact, hence validating the use
of the 2D hypothesis in the CDEM [12].

3.4 Lubrication

There are hundreds of bicycle chain lubricant references
available commercially. Each one claims different qualities:
durability, efficiency, resistance to the humidity or to the

mud, application easiness. In our case, because track
cycling is practiced indoor and the races are relatively short
(less than an hour), the main goal is to improve the drive
efficiency of the transmission.
Power losses come from different sources [5,6,11]:

— roller friction on the sprocket;

— meshing loss due to the movement of the chain

articulations.

Knowing that a significant part of the power losses
come from meshing, the lubricant must limit the frictional
forces, but also penetrate in the small gaps between the
different parts of the chains. Before lubricant application,
the chains are cleaned with three baths of 30 min at 65 °C in
an ultrasonic cleaner. First with white spirit, then with an
aqueous degreaser and finally with an ethanol bath. Once
the chains are cleaned and dried, each lubricant is applied
according to the manufacturer protocol. 7 lubricants are
tested, compared to the manufacturer one. Lubricants DL1
and DL2 are dry lubricants, they are composed of oil and
solvents. Lubricants DW1, DW2 and DW3 are liquid wax
based lubricants (drip wax), they are composed of wax and
solvents. SW1 and SW2 are solid wax lubricants, that need
to be melted to be applied on the chain. They then solidify
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Fig. 13. Lubricants results, Relative losses (W) compared to manufacturer lubricant.

again inside the contact when rested after application.
The transmission operation most likely melt them
again and make them fluids able to separate the contact
surfaces.

From Figure 13 results, it can be seen that the dry
lubricants are not very efficient (DL1, DL2). For the drip
wax lubricants (DW1, DW2, DW3), the conclusion is not
clear, DW1 is the less efficient tested, while DW2 is one of
the best. For the dry lubes and the drip waxes, it is difficult
to know if the differences come from the oil or wax itself or
of the solvent that pushes the lubricant to penetrate the
chain. Solid wax-based lubricants are the most effective
ones. the advantage compared to manufacturer lubricant is
about 2W, for an input power of 490W.

4 Analyses at the contact scale

4.1 Tooth profile definition, example with ISO and
ASA standard

To treat local aspects, i.e. roller displacement on tooth
profile, Kim and Johnson [17] introduced the notion of the
roller location characteristic curve. This curve represents
the location of a given roller as a function of the location of
the previous one (i.e., y;.1 as a function of ;).

Figure 14a shows roller location (parameter £)
characteristic curves calculated by Kim and Johnson in
[17]. Figure 14b shows the same curves (with parameter y)
using the CDEM. The curves are plotted for ASA
profiles with Z=12, 24 and 36. The sprocket pitch is

p=1/2"=12.7mm and the roller diameter is D,,y., = 8.51
mm. The dimensions for the ASA profile are calculated
according to the standard given in [1,17,18] (see
Appendix Ay © Kim & Johnson’s curves are given for
coordinates &. It is equivalent to y but ranges between
[—4, 4] instead of [0, 8] for the ASA profile (Fig. 15).

Figure 14 shows that the curves obtained are identical
between literature and CDEM for all numbers of teeth
tested, therefore validating the procedure presented. All
the curves are symmetric with respect to the line y=—=z
consistently with the profile symmetry. Their shape is
modified with the number of teeth Z. The smaller the
number of teeth, the greater the deviation from the first
bisector. Consequently, it takes fewer rollers to crass the
zone between the transition points (yEEytp,y;I) for
small Z. The transition points are the intersection w1th
the first bisector y=z . The transition point B (i.e. Yip B)
lies at the at the tight side of the profile while transmon
point A (i.e. vy, 4) lies at the slack one. The transition
points Correspond to stable roller locations. Therefore, if
roller ¢ lies at a transition point, all the rollers will also
lie at this point (following and preceding). Also, starting
from the same y beyond the transition points (i.e.,
y > yt it takes fewer rollers for a small number of
teeth ﬁefore skipping a tooth than for a higher number.
However, one cannot directly conclude that sprockets
with small number of teeth will result in easier chain
drop. Indeed, the link angles (e.g., o and ¢) and
therefore the implications in terms of load calculation
are different depending on Z.
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Fig. 15. Roller location coordinate for ASA profile according to (a) Kim & Johnson [17] (b) CDEM

It is important to remember the general dynamics of
roller location. It was demonstrated by Kim & Johnson in
[17] that rollers marking the transition with the tight
strand always contact the tooth profile close to the
transition point B (tp”). Then, depending on the loadin
conditions, the contact happens before or after ip~.
Consequently, rollers tend to cross the profile going toward
transition point A (¢p”) or tend to climb the tooth flank
with a high risk of chain drop. Therefore, roller location
always starts at the transition point tp” (or simply tp). An
example of typical roller location evolution for the ASA
profile is given in Figure 16a.

Extending the analysis, comparison of the three
industrial profiles is presented in Figure 17. Markers are
set at the boundary points between the curve portions in
Figure 14. Transition points of each profile are indicated.
The geometry of NF,,in max are the two extremes of ISO 606

[19]. This standard covers a variety of geometries with a
limited number of parameters (see full definition in
Appendix B).

In the local coordinate system view (Fig. 17a), the
differences of tooth bottom radius (R,;) can be appreciated.
The NF,;,profile is that with the smallest clearance with
the roller. Along the tooth flank, the NF,;, profile exhibits
the steepest slopes while the NF,,,,. has the shallowest. The
slope of the profile flank does not significantly vary for the
NF profiles as it is defined by a circle with a large radius
(compared to the other dimensions). The ASA profile
slopes lie between the two preceding profiles with
significant changes along the curve. Going from the
transition point to the tooth tip, the slope first lies close
to the NF,, ., one before catching up with the NF;, and
finally decreasing at the topping curve (last portion of the
ASA profile). One can note that the ASA profile satisfies
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Fig. 17. Comparison of ASA, NF,,. and NF,,;, profiles: (a) in the local profile coordinate system, (b) for a whole sprocket (31 teeth

double pitch sprocket).

the ISO standards as its definition always lies between the
two NF ones. The positions of the transition points are not
the same for each profile. However, it is interesting to note
that these specific points lie almost at the borders of the
tooth bottom portion (i.e., close to y =5 and y = 3 for ASA
and NF profiles, respectively, see Appendix A and B). The
different tip diameters can be appreciated in the global
view (Fig. 17b). However, this parameter will have limited
influence on the profile properties due to the transition
point locations.

For the loading conditions explored in the previous
part, and for both driving and driven sprockets, the rollers
first lie at the tp before starting to cross the profile at
different instants depending on the tooth profile (i.e., ASA,
NF,... and NF,,,), loading conditions, etc. Similarities

have been observed in the differences between tooth
profiles and between driving and driven sprockets,
suggesting that the same phenomenon could explain both.
Figure 18 shows plots of the pressure angle ¢, for the driving
and driven sprocket (at C;=50N.m).

The evolution of ¢; (Fig. 18) is consistent with the roller
location variations. Indeed, the pressure angle depends on
the directions of the previous link and profile normal at the
roller /profile contact point [12]. When the rollers lie at the
transition point, both directions are almost unchanged.
Consequently, the pressure angle ¢; obtained is also
constant. As soon as the roller starts crossing the tooth
profile, the normal direction changes and the pressure angle
increases. When the profile is entirely crossed (e.g., for
NF,,;, driven sprocket) the pressure angle stabilises at a
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new plateau as the roller reaches the second transition
point tp”. The link meshing is visible between ¢/ , = 0 and 1
where an initial decrease occurs as «; is increasing (see
Fig. 18).

Similarly, the evolution of the articulation angle o is
shown in Figure 19. The link meshing and un-meshing are
clearly visible as o goes from 0 (roller capture) to about «;
when a new roller is captured (¢/a;=1). The un-meshing
shows the inverse variation. Apart from this, the articula-
tion angle remains almost constant and very close to the
pitch angle «; despite the roller location variations. Small
angle variations are visible with the greatest deviation from
the pitch angle value occurring one drive period before the
roller starts to cross the profile. This corresponds to the
following roller (i.e., roller i+ 1) starting to cross the
profile. The biggest deviation is observed for the NF,,.,
profile, certainly because this profile has the biggest roller/
tooth bottom clearance (fig. 17), therefore resulting in the
biggest gap between roller centres and pitch circle.

Table 8. ¢4 5 without friction correction for ASA,
NF,in and NF,,,, tooth profiles.

ASA N F max N me
b1plp (also noted ¢y,) 24.87° 19.73° 9.83°
Ppl 4 131.9° 137.0° 146.9°

Besides the meshing and un-meshing process, the
articulation angle o is nearly constant and only the
pressure angle ¢; varies in first approximation. The value of
¢; at the transition point is characteristic of a given tooth
profile and called ¢, 4 5. A pressure angle can be associated
with both transition points. Their values are obtained
numerically knowing the tooth profile definition. Table 8
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shows the value of ¢,,|p and ¢y,|, for the three profiles
studied. As for the other transition point properties, ¢,
(without mentioning A or B) designates ¢, |-

The equation (1) showed that the ratio between T4
and T;depends on the pressure angle ¢, and the articulation
angle «. Considering in first approximation that the
articulation angle equals «;, smaller values of ¢; result in
smaller T;,,/T; ratios (i.e., a tooth carrying more load).
The contact force shows the same trend (see Eq. (1)).
Therefore, the differences observed between profiles can be
analysed considering parameter ¢, Profiles with smaller
¢y value (e.g., NF,,;,, see Tab. 8) are associated with
steeper slopes both in link tension and contact force slopes,
and greater roller location variations. Due to friction, the
value of ¢y, is corrected by =%|§(c0)| depending on the
sprocket being driving or driven. The similarities observed
between a driving NF,,;, and driven NF,,,, profile are
therefore explained by the similar corrected pressure angle
Gt |8 (c0) |

In equation (2), for the first and last roller in contact
(i=1 and n+1), angles ¢; and « vary, therefore
influencing the tension ratio. In order to obtain an
expression independent of any sub-position related param-
eter, the effect of the first and last roller (¢=1 and n+ 1) is
considered to be equivalent to one articulation with
angle ¢, = ¢,, and o = . Therefore, the expression for
the limit ratio in stable working conditions is given in
equation (4).

T in(¢, — (o)) )"
<T‘t> lim,tp N <Sin(¢tp - |(S(OO) + Ol|)> (4)

With N = [ £ — 1, the equivalent number of links (floor
designates a round down operation).

The equivalent number of links N can be adjusted to the
application. In this case, it is set at L% —1 to be
representative of a rear cog in track cycling applications.
Indeed, as the chainring is usually significantly bigger than
the rear cog, the number of links in contact with the rear
cog is smaller than 7/2.

Based on the definition given by Binder in [1] for the
“pressure angle for a new chain”, the pressure angle at the
transition point (profile stability limit) can usually be
approximated with the general expression given in
equation (5).

¢tp =K - 7 (5)
with: K and K’ numerical constants fitted for each tooth
profile (see Tab. 9).

The use of the equivalent number of links N (based on
the floor function) causes oscillations for odd and even
numbers of teeth (Fig. 20) in the limit tension ratio
(calculated with |8 (o0) | =5°, [12]) for the three standard
profiles (K, and K’ defined in Tab. 9). The order of
magnitude of the tension ratio for the 60|15 drive with a
driving torque C;=300N. mis also represented. The NF,;,
capacity to withstand more load than the NF,,,. and ASA
is clearly visible. Figure 20 shows that only the NF;,

Table 9. Constants K and K’ for NF,,.x, NFimand ASA.

Nme NFmaz ASA
K (deg) 20 29.96 34.64
K'(deg) 135.5 137.1 123

(besides CP;23) .profile can be used in track cycling
applications as the limit ratio is too high for the NF,,,, and
the ASA.

4.2 Cycling profile, definition and preliminary results

The three Cycling Profiles proposed (Fig. 21) are denoted
CPy, CPy and CP; (see full definition in Appendix C). The
definition of their geometry is based on the NF,;, and
NF . ones (Appendix B). Compared to the industrial
profiles (see Tab. 9), the Cycling Profiles exhibit smaller
values of K (Tab. 10). Profile CP; has the smallest K
parameter of all the tested profiles and will therefore
tend more rapidly to its limit pressure angle ¢, (c00) = K.
Parameter K constitutes the limit value for an infinite
number of teeth while parameter K’ characterises how
fast ¢y, tends to K for high Z (see Fig. 22). Profiles NF,
and CP3 show similar pressure angles. Profile CP, has
the smallest ¢, for all the numbers of teeth tested. Below
15 teeth, profile CP; has the biggest pressure angle. Its
value then decreases toward that of CP,, leaving the
NF,in and CPj profiles with the highest ¢, above 17
teeth.

As prescribed by equation (5), all the profiles show
increasing ¢,, with the number of teeth Z. Profiles NF} .«
and ASA show the larger ¢,, which is consistent with their
high limit tension ratio in stable working conditions (see
Fig. 20). Despite the different K and K’ parameters, the
tooth profile hierarchy is usually respected as ¢,, ordering
of the tooth profile families (i.e., ASA, NFy;,, CPy, etc.) is
similar regardless of the number of teeth (e.g., profile CP,
always has the smallest pressure angle, profile ASA always
has the biggest). The only exception is the profile CP;
whose curve crosses those of NF,,;,, and CP5at about Z=17
teeth. Due to its smaller K’ parameter, it tends to reach its
limit value more rapidly than the others. Consequently, its
¢, is bigger than those of NF,,;,, CP; and CPs;at Z=10 but
almost catches with CP; at 70 teeth. The pressure angles of
all the Cycling Profiles are smaller than those of the NF,;,
one (except CP; for small numbers of teeth). They should
therefore be able to withstand small tension ratios. The
evolution of the limit ratio in stable working conditions is
shown in Figure 23 (calculated with a friction correction of
|6 (00)|=5°). As expected, the low ¢, values for the
Cycling Profiles allow reaching small limit tension ratios in
stable working conditions.

Figure 23 shows that only the NF,,,;, and CP; 5 5 profiles
can be used in track cycling applications (paper example of
track cycling conditions shown with the red line) as the
limit ratio is too high for both NF,,.. and ASA. Based on
this assessment, and to study the influence of profile
geometry on track cycling drives, NF,,., and ASA profiles
are removed from further study.
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Fig. 21. Comparison of NF,;, and Cycling profiles: (a) in the local profile coordinate system, (b) for a whole sprocket (Z= 15,
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Table 10. Constants Kand K’ for cycling profile definition.

C.Pl CPQ CPS
K (deg) 15 15 19.96
K'(deg) 55.3 97.42 139.5

For C;=300Nm, all the profiles show a maximum
contact force at about 2000N (see Fig. 24). This value
decreases to about 400N for the second tooth (¢/a;=2).
The decrease continues causing the final teeth (closer to the

slack strand) to bear almost no load (P;= 1.6 Nat {/o;=5).
The same phenomenon is observed in link tension where
almost no load is carried after ¢/a;= 4. Considering energy
efficiency, tooth profiles with low ¢,, (e.g., profile CP»)
result in more roller displacement. However, these
displacements are performed with lower forces as the
decreasing slopes are steeper. On the contrary, with a
higher ¢, value, the rollers undergo less displacement but
the loads are higher. Therefore, it is not possible to easily
assess which profile will result in the best efficiency, more in
dept analysis must be carried on.
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Table 3.

4.3 Influence of chainring tooth profile, efficiency
calculation and experimental comparison

Three chainrings from the market (denoted Chainring 1, 2
and 3) are compared, using the test rig, to the Reference
chainring. All the tests are performed at Loading Condition

defined profiles, dotted red line for the current transmission from

LC (see Tab. 3) using a 60|15 drive configuration. A 15
tooth Reference rear cog was used for all tests. Parameters
of the chains used corresponded to Table 2 with 100 links
(see Fig. 25). The drive centre distance was again set to
obtain a strand deflection under 1kg mass of ~20 mm.
Slight differences in tight strand deflection were observed
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©00000000C Chainring:
Varying profile
Rear cog: %o
Reference profile

Fig. 25. Transmission used for chainring profile influence tests.

between chainring tooth profiles for a given centre distance
L. Therefore, each drive was set with its specific centre
distance to obtain the required tension setting (the values
of L obtained ranged from 384 to 386 mm).

Manual interventions had to be performed on the
test rig between the trials of the different chainrings.
Due to these interventions, sensor offsets were modified
causing the magnitude of total losses measured by the
test rig to be different for each chainring. However, the

Reference chainring was tested after each intervention.
Therefore, a test with the Reference chainring is
available for each chainring tested (i.e., Chainring 1,
2 and 3) in the same test rig conditions. Consequently,
the results are given directly in Figure 26 relatively to
the reference case (Reference chainring and rear cog).
The difference AP corresponds to the losses obtained
with a given chainring compared to those obtained with
the Reference one.
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Fig. 26. Test rig measurements for the three chainrings tested relatively to the Reference case.
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Fig. 27. Influence of chainring tooth profile according to the CDEM predictions.

As before, tests were performed in sessions of 25 min
with measurements at 5, 15 and 25 min. Each comparison
with the Reference configuration was carried out on 12
measurements (4 sessions of 3 measurements). The
minimal and maximal values as well as the standard
deviation are indicated in Figure 26.

The measured AP are negative, suggesting better
efficiency with the tested chainring than for the reference
case (Reference chainring and rear cog). However, all
AP are included in the standard deviations. Therefore,
the tests concluded that there were no significant
differences between the three chainrings tested and the
Reference one.

Except for the Reference tooth profile (denoted “Ref” in
Fig. 27), the precise 2D geometries of the chainrings tested
(Chainrings 1, 2 and 3) are not known by the author. To
perform comparisons with the model results, the influence
of the chainring tooth profile is assessed by testing the four
profiles able to withstand track cycling constraints: NF;,,
CPy, CP, and CP; (Sect. 4.2). The calculations are
performed for LC; (see Tab. 3) using the drive parameters
given in Table 2 for 60|15 drive. The chain parameters can
be found in Table 5 with 100 links. Drive efficiency as well
as relative losses AP compared to the reference case are
given in Figure 27. The intervals obtained using case A and
case B are represented. For the relative losses, intervals
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Fig. 28. Loss contributions for the 60|15 drive, LC}, CP; chainring and Reference rear cog.

[AP,in, APy (see Fig. 27) are calculated assuming that
cases A and B could occur indifferently for each
configuration (see Eq. (6)).

APmin = Pref|A - Pprofile|B (a) (6)
AP = P76f|B - Pprofile|B (b)

with:

P,cd4 B, the dissipation obtained with the Reference
geometry for case A or B.

P, ofiel 4.5, The dissipation obtained using the tested
profile (NF,,, and CP; 5 3) for case A or B.

The drive efficiencies predicted by the CDEM are
identical for all the chainrings tested. Consequently, the
AP values are negligible and included in the [A Py, APpay]
intervals. Therefore, the model also concluded that the
chainring tooth profile had a negligible effect on drive
efficiency.

The CDEM can be used to explain the similar
efficiencies for all the chainrings tested. Indeed, the
computed losses are split between roller and meshing
losses and between the chainring and the rear cog
contribution. The proportions obtained for a CP; chainring
are presented in Figure 28 (=TI and II for the chainring and
rear cog, respectively). Losses due the roller motion are
denoted ‘roller’ while those due to meshing are denoted
‘mesh’.

First, it is observed that the total predicted losses are
slightly higher for case B than for case A (4.81 W and
4.59 W, respectively). This was expected considering the
less favourable hypotheses of case B. Meshing losses are
caused by parameters depending on the global kinematics:
tight strand tension T}, pitch angle a;; etc. They are
therefore identical for all the chainrings. Thus, changing
the chainring tooth profile influences only the losses
attributed to roller motion at the chainring. However,
results show that this loss type contribution represents less
than 1% (both for cases A and B). In these conditions, the
negligible influence of chainring geometry seems consis-
tent. This low proportion of roller motion related losses is
due to the low-tension ratio (about 6.2¢?) resulting in
small roller motion. Moreover, this motion occurs under
moderate loading due to the rapid decrease in both link
tension T; and contact force P; undergone using track
Cycling Profiles.

The remaining proportions show that meshing losses
are by far the greatest contributor in this loading condition.
18% of the losses are due to the chainring meshing losses
while between 75 to 78% are caused by the rear cog meshing
losses. This difference between chainring and rear cog
meshing are directly related to the pitch angle a7 [1,5,6].
Indeed, the rear cog pitch angle is significantly higher than
the chainring one due to its smaller number of teeth
(a;=24° and o ;= 6° in this example), resulting in a greater
sliding distance. The results also show that roller losses at
the rear cog are more significant than those at the
chainring.

No significant influence of the chainring geometry was
reported on the test rig measurements. Although direct
comparisons using the tested tooth profile geometries could
be performed, analysis of the model results prove that the
chainring geometry is not a significant parameter under the
loading condition tested. The CDEM prediction therefore
seems correct.

5 Conclusion

This article is devoted to the study, both numerical and
experimental, of track cycling transmissions and the use of
the results to identify the key parameters influence on their
efficiency. To this end, a test rig dedicated to track cycling
transmissions, including the chainring, rear sprocket and
chain, was built. Its numerical counterpart, the CDEM [12],
is a 2D quasi-static model that calculates the transmission
efficiency induced by the kinematics of the chain as well as the
local displacement of the roller on the profile of the chainring
and rear sprocket teeth. The combined study of these two
tools makes it possible to draw significant conclusions about
the key parameters of cycling transmission:

— The model and experimental data show that the tension
ratio has a major influence on transmission efficiency.
The experiment set the optimum strand deflection at
20 mm.

— For a fixed gear ratio, increasing the number of teeth is
beneficial for efficiency. This effect is already shown in
the literature [6], but it is confirmed in the present study.

— The experimental study on misalignment showed no
significant difference with the perfect transmission. This
validates the use of a 2D model for accurate predictions.
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— The study of sprocket profiles shows that their influence
is very limited. The movement of the rollers on theses
profiles, included in the calculation of the model, has only
a limited influence on the losses in relation to meshing.
However, the very small differences between cyclists in
the track cycling race make this a possible source of
optimization.

— The experiments carried out on the influence of
lubricants show that their proper use can have a major
impact on transmission performance. The tests have
shown that there is a possibility to improve the efficiency
to more than 2W using the right lubricant with the
correct process of degreasing and application. The solid
wax lubricants showed the best improvements. The
durability of the lubricants was not tested, as the track
cycling races are mostly short (<1h) and in indoor
conditions.

The model, which proved to be consistent with the
experimental comparisons made, is intended as an aid to
optimising cycling transmissions. All the results presented
have been calculated using a single coefficient of friction.
The model can break down the contribution of each
interface (axle/brush, brush/roller and roller/profile),
enabling highly localised optimisation. Its very low
calculation time will also enable the various optimisation
parameters to be investigated. To do this, a Design Of
Experiment (DOE) built from it will be able to identify the
main parameters responsible for the cyclist’s performance.
Finally, it should be borne in mind that, until now, all the
calculations and experiments have been carried out under
steady state conditions (constant torque and speed), which
could find its limit in a sprint race, for example, where these
conditions can vary rapidly.
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Appendix: A — Tooth profile definition

All tooth profiles considered in this manuscript are symmetrical.
Therefore, only one half is defined. Then, the second one can be
deduced by symmetry with respect to (O, y) (see Fig. A.1). NF
tooth profiles are defined by the ISO 606 standard [31].

Xc,
c, | >
A S
e
\

G. Lanaspeze et al.: Mechanics & Industry 26, 21 (2025)

A
-y

Xc,

A
Al

Fig. A.1. Definition of the ASA tooth profile [1,18].

A.1 ASA tooth profile definition

The definition of the ASA tooth profile can be found in [1,18]. It is

given as follows.

In Figure A.1, the ASA tooth profile is defined using four
curve portions:

— Between A and B, the first circle arc defines the tooth bottom.
This arc is also called seating curve. Its centre coincides with the
local origin O and its radius is strictly superior to the roller
radius R,y Its parameters are: centre ¢, radius R;, central
angle 6.

— Between Band C; asecond circle arc is called the working curve
(centre c¢o, radius R, central angle 6,.)

— Points C' and D are linked by a line called the straight
portion.

— Between D and Falast circle arc called the topping curve defines
the tooth tip (centre 3, radius R, central angle 63.)

Curve portion parameters are given as functions of the sprocket
pitch p, the number of teeth Zand the diameter of the roller to be used
with the profile considered D, .- The pitch angle o = 27/ Z=360°/
Z is also used as an intermediate variable. The radii R; and

central angles 6; of each circle arc are summarised in Table A.1.
Additional parameters needed to fully define the profile are given in
Table B.1.

In [1], two main pressure angles values are given for the ASA4
profile:

— First, the tooth pressure angle for new chain @, cycnain. This
angle is calculated assuming that rollers ¢— 1 and ¢ are seated
and that the roller/profile contact point (for roller 7) lies at
point B (see Fig. A.1).

120°
7

— The minimal pressure angle ¢,,;, is meant to account for rollers
climbing the tooth flank. Its valueis calculated still assuming rollers
i— 1 and 7 to be seated. However, this time the contact point is
considered to lie at point C (see Fig. A.1).

64°

— (8)

Z
These angles can be compared to the expression for ¢,
obtained using the CDEM, see Table 8.

= 35°

¢new chain

¢min =17 -
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Table A.1. Radii R; and central angles 6,.

0.5025 D, gi1cr + 0.0015 x (0.0254) . 60°
95° — —-

A

1.3025D, ¢ + 0.0015 x (0.0254) L5 56
VA

o

64
D,otier % (0.8c0s(92) + 1.24cos <l7° - —> - 1.3025> —0.0015 x (0.0254)

Z

Function of other parameters
(see tab. B.1)

Appendix: B. NF tooth profile definition

The profile shapes defined are symmetric. Therefore, only one half
is defined and the second one is deduced from symmetry about ( O,
¥), see Figure B.1. The defined half is given by two tangent circle
arcs (to ensure slope continuity).

Using two tangent circles arcs, these profiles are defined by
four parameters (see Fig. B.1, Tab. B.2):

— Ry, and 6; the radius and central angle of the first circle arc
(tooth bottom).

— R,, the radius of the second circle arc.

— Ryp, the tip radius.

The centre of the first circle arc is the local origin O. The
four parameters are functions of the sprocket pitch p, the
number of teeth Z and the diameter of the roller to be used
with the profile considered D,z The pitch diameter

D, = —2. is also used as intermediate variable.
p sin(a/2)

Appendix: C. Cycling tooth profile definition

The Cycling Profiles are defined similarly to the NF ones
according to the parameters given in Table C.1. Compared to the
NF profiles, the Cycling Profiles are only parametrised by the
number of teeth Z. Therefore, their definition is only suitable for
cycling applications (i.e., p=1/2"=12.7mm and D,,;..=7.75
mm).

Table B.1. Other
Table A.1.

characteristic point coordinates, see

(Intermediate variable)

2
\/R§ - (1-24Droller - g)

Xg D
5e0s(3) + Hein(3)
Yi
_b sin (0—[) + H cos (E)
2 2 2
X, —0.8D,g1e-c08(90° — 61)
Y., 0.8D,j1ersin(90° — 61)
Xes 1.24D,jjerCOS (g)

Y., —1.24D, 080 (%)
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\‘| \

Fig. B.1. Definition of tooth profile with two circle sectors.

Table B.2. Parameters for NF,,;, and NF,,,, tooth profiles.

Nme NFma:v
Rl 0-505D7'oller

o=

O~505Dr0ller + 0~069(D7’olle7’)

6
45° 45°
70° — — 60° — —
Z Z
R, 5
0.12Dyoper (Z + 2) 0.008 D, p1er (Z* + 180)
Rtip
1 1 1.6
5 (Dp + 125]9 - D’r‘olle’r‘) 5 (Dp +p<1 - 7) - Drollfir')
Note: For the calculation, of R, for the NF,,,, profile, D,y must be given in mm.
Table C.1. Definition of the cycling profiles CP; 5 3.
CPl CPQ CP3
R;(mm) 3.9 4.05 4.2
0:1(deg) 75 — 125/7 75 — 85/7 70 — 45/7
Ry(mm) 1 Z+1 27-9.
B Z+6

Ryip(mm) 2.0237Z + 3.141
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